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 1 
SUMMARY 
There is mounting evidence that the increasing levels of greenhouse gases in the earth‟s 
atmosphere are contributing to global warming.  The World Meteorological Association has 
recorded a 35% increase in CO2 levels since the 1700s and emissions continue to grow.  The 
Australian Greenhouse Office calculates that the stationary energy sector contributes almost 
half of the national greenhouse emissions.  Measures for addressing the problem include 
reduction in electricity usage, the use of non-polluting energy sources and increases in 
efficiency of conversion. 
 
Low grade heat (LGH) sources, here defined as below 80ºC, are one group of abundant 
energy sources that is under-exploited.  The use of LGH as an energy source is advantageous 
for many reasons.  Industrial waste heat provides a convenient source of concentrated LGH 
while solar ponds and geothermal resources are examples of sustainable sources of this energy.  
Devices that convert LGH to electricity can be retro-fitted to existing power stations to 
increase their efficiency and contribute to their emission reductions.  Used in this way, 
technologies that convert LGH to electricity can be advantageous on two fronts.  Firstly by 
the improvement of the efficiency of current technology and also in application to sustainable 
energy sources that are, to date, unexploited.   
 
There are two main methods for converting LGH into electricity.  Direct conversion 
technologies, as their name suggests, convert the heat energy directly into electricity without 
intermediate conversion and are thus free of any associated intermediate conversion losses.  
Although the alleviation of extra conversion losses is very attractive, the materials used and 
methods employed for direct conversion result in lower efficiencies and power output than the 
main alternative, heat engine conversion.  Converting LGH into electricity using a heat engine 
is very simple in concept.  The same principles used by fossil fuelled power stations are 
employed but are adapted for use with LGH.  Conventional power plant operations use a heat 
source above 180ºC, which will boil the working fluid of water at pressures above 
atmospheric.  For the same to happen with LGH sources the working fluid must be able to 
boil at a temperature less than that of the heat source, which requires sub-atmospheric 
pressures when using water.   
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For a number of years RMIT has had two ongoing, parallel heat engine research projects 
aimed at the conversion of LGH into electricity.  The Thermosyphon Rankine Engine (TSR) 
is a heat engine that uses water under considerable vacuum and is currently up to its fifth 
prototype.  The other RMIT research stream into the area uses a hydrocarbon based working 
fluid in a heat engine employing a relatively novel heat engine cycle, the Trilateral Flash 
Cycle (TFC).  Both projects are aimed at utilising energy from the same source but the 
apparatus and thermodynamic cycle used are quite different.  The aim of this research was to 
compare the theoretical expectations with empirical results and to explore the reasons for 
discrepancies.   
 
The TSR Mk V was designed and built prior to this research at RMIT as a low cost heat 
engine for the conversion of LGH into electricity.  The design of the experimental apparatus 
was based on its four predecessors and was required to process 100kW of heat energy using 
water as the working fluid.  Its main design advantages are its cost and the employment of 
only one moving part.  For the sole purposes of this research, the instrumentation and 
configuration and of the TSR Mk V was significantly altered in order to gain a wider range of 
empirical results upon which the system can be analysed.  Using the data gained from the 
experimental rig, deviations from the expected results (those derived theoretically) were 
explored to gain insight for further development. 
 
The results from the TSR rig were well below those expected from the design specifications.  
Although the experimental apparatus was able to process the required heat energy, the 
efficiency of conversion fell well below the 3% expected and was approximately 0.2%.  The 
inefficiency was explained by a number of contributing factors, the major being form drag 
upon the rotor that contributed around 2/3 of the losses.  Although this was the major cause of 
the power loss, other factors such as the condensate return path contributed to the overall poor 
performance of the TSR Mk V.  It is recommended that a number of design changes be 
implemented that would see the alleviation of these problems in future prototypes. 
 
The RMIT TFC project came about from exploration of the available academic literature on 
the subject of LGH conversion.  Earlier investigations, such as those by Smith (1993) into 
applying Carnot‟s theory to finite heat sources, led researchers to explore the merits of 
sensible heat transfer combined with a cycle that passes a liquid (instead of a gas) though an 
 3 
expander.  The results showed that it was theoretically possible to extract and convert more 
energy from a heat source of this type using this method than using any other alternative.  All 
of the research was targeted at heat sources above 80ºC and so research exploring the 
theoretical and empirical results for sources below this temperature was needed.  Thus, for 
this research, computer models and an experimental rig using isopentane (with a 28ºC boiling 
point at atmospheric pressure) were produced at RMIT to assess the outcomes of employing 
lower temperature heat sources using a TFC. 
 
The experimental results from the TFC research proved much more promising with the 
efficiency of conversion ranging from 0.8% to 2.4%.  Although such figures seem poor in 
isolation, it should be noted that the 2.4% efficiency represents an achievement of 47% of the 
theoretical ideal conversion efficiency in a rig that uses mainly off-the-shelf components.  It 
also confirms that the TFC shows promise when applied to heat sources less than 80ºC. 
 
While any application of either technology is a considerable distance from commercialisation, 
it has become clear that improvements made to the machinery that extracts power from the 
working fluid (such as the rotor apparatus in the TSR) could promote the technology into the 
ranks of commercially available heat engines for conversion of LGH into electricity. 
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1 INTRODUCTION 
This introductory chapter examines the emerging scientific evidence that our climate is 
changing and presents some of the current avenues for combating the consequences. 
  
1.1 The Impending Environmental Problem 
As more and more supporting evidence amasses it is increasingly difficult for reluctant 
governments and private citizens alike to deny that global warming is occurring due to the 
greenhouse effect.  The World Meteorological Organisation, a division of the United Nations, 
has observed the highest concentrations of CO2 (35% increase) and NO2 (18% increase) since 
the late 1700s (WMO 2006).  Current measures to restrain growth of greenhouse gases have 
been shown to be inadequate, and as the WMO stated in the same report, there is no current 
indication of this rate of increase slowing.  Change has to be made in order to curtail the 
growth, even if the environmental consequences of this level of greenhouse gases are still 
hotly debated.  Ronald Wright (Wright 2004, p. 40) contends that we are in danger of falling 
into a „progress trap‟ set by imprudent parasites that can consequently kill off the host. 
 
 
 
 
 
 
 
 
 
 
 
 
The CSIRO has calculated the increase in atmospheric carbon dioxide concentration in 
Antarctica which shows the alarming increase detailed in Figure 1.1.  According to the 
Figure 1.1 - Atmospheric carbon dioxide concentration at Cape Grim 
(Holper 2006). 
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Present 2030 2070
Hobart 1 1-2 1-4
Sydney 2 2-4 3-11
Brisbane 3 3-6 4-35
Canberra 4 6-10 7-30
Melbourne 8 9-12 10-20
Adelaide 10 11-16 13-28
Perth 15 16-22 18-39
Australian Greenhouse Office (AGO), the stationary energy industry sector produced 48% of 
the greenhouse gases released in Australia in 2002 which represents a 34% increase over the 
1990 sector emissions (AGO 2005).  By their best estimate, the increase is projected to grow 
to 70% above 1990 levels by 2020.  In Victoria, the stationary energy sector contributes 70% 
to total greenhouse emissions in that state (SEAV 2005).  In the same document, the 
observation is made that „Victorian households are becoming less sustainable with expanding 
house sizes, a rapidly increasing use of appliances and a growing reliance on air conditioners‟ 
(SEAV 2005, p. 15).  A projection by the CSIRO will see the number of very hot days 
increase in the future which will compound the problem (Table 1.1).  The increase in energy 
usage is also mirrored in many other areas of the modern Western lifestyle. 
 
 
 
 
 
 
 
 
 
 
 
 
Reduction in electricity usage would be one way to cut the emissions from the stationary 
electricity generating sector.  Another would be to increase efficiency in terms of the power 
output per unit of pollution released.  The International Energy Agency (IEA 2005) has 
pointed out „There is no silver bullet‟ that will transform the energy outlook, but technologies 
exist that together have the potential to stem the growth of CO2 emissions, while very often 
improving security of energy supply at the same time.  As time progresses, greater 
efficiencies are achieved from a variety of different sources.  Ways of increasing efficiency 
include advances in rotodynamic machinery, cascading energy cycles and reduction in 
parasitic loads, thus utilising energy that would be otherwise wasted and so, in effect, getting 
'something for nothing'. 
 
Table 1.1 - Average number of days above 35°C per annum at 
present and projected (CSIRO 2002). 
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1.2 Measures of Address 
In trying to limit the emissions from the electricity generating sector, the problem can be 
approached from two directions.  Radically new systems and technologies can be developed 
that, in time, are far more advantageous than the current systems.  Meanwhile, current 
technologies can be improved so that the power output per unit of pollution is reduced, 
making a sort of bridging technology before these new systems are available on a commercial 
scale. 
 
Current renewable (and therefore sustainable) energy sources that are making valuable 
inroads into the electricity generation market are systems such as 
 photovoltaic cells 
 wind generation 
 hydro electricity on varying scales 
 tidal and wave harnessing 
 biomass conversion 
 solar thermal conversion 
 lower temperature heat engines 
 
An indication of the poor use and take-up of renewable energy in Australia is the fact that in 
1990 9.6% of the country‟s electricity was supplied from renewable sources and this 
proportion had fallen to 8.3% in 2001 (IEA 2003, p. 78).  This was despite an absolute 
increase in the amount of renewable electricity being produced during the period and shows 
the expansion in non-renewably sourced power was even greater.  The various renewable 
energy sources listed will now be commented upon. 
 
1.2.1 Photovoltaic Cells 
The direct conversion of solar radiation into DC electricity using photovoltaic cells is a 
popular and proven technology.  Developments using unconventional methods of direct 
conversion claim a possible efficiency „approaching 80-90%‟ (Goswami et al. 2004) while 
current conventional PV construction techniques using best practice allow for a theoretical 
maximum efficiency of around 40% (Cassedy 2000).  This is of course under ideal solar 
conditions at times of peak solar output.  In the examination and quantification of the energy 
output of direct solar conversion it should be noted that the output is not constant as the sun 
varies in strength during the day.  This is due to the continuing angle change in the sun‟s rays 
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and varying cloud conditions.  This limits the total amount of energy that can be converted at 
any time and where required for a steady load will require the inclusion of a storage device 
(typically a lead-acid battery). 
 
1.2.2 High-Temperature Solar Thermal 
Methods have been devised to raise the temperature provided by solar radiation in order to 
increase the efficiency of subsequent conversion of the heat to work in a heat engine.  An 
example of a high temperature collector is the trough concentrator shown in Figure 1.2.  There 
have been quite a few systems devised to collect, concentrate and use high-temperature solar 
thermal energy (Yogev et al. 1988) (Wang & Li 2006).  The least sophisticated systems are 
used to produce steam for industrial processes or for electricity production and there are many 
more sophisticated methods for solar sourced process heat (Kalogirou 2003).  Most often a 
system of reflectors concentrates the energy of the sunlight from approximately one thousand 
watts per square metre (normal bright daylight) up to „peak concentration of 5000 suns‟ 
(Johnston et al. 2003, p.139).  Although much work has been done progressing the efficiency 
of the solar concentrator/reflectors (Hahm 1999) (Lovegrove 2004) the systems can only still 
harvest a peak 1000 W/m
2
 as with all other solar collection systems.   
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 1.2 - Trough solar concentrator installed in 
Arizona in 2005 (Menand 2006). 
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1.2.3 Solar Energy Conversion 
Variations in the Earth‟s position and tilt relative to the sun alter the amount of solar radiation 
received in any locality on a seasonal basis.  Contributing to daily variations are atmospheric 
conditions and global rotation and then the axial tilt contributes to yearly, seasonal variations.  
The average amount of daily radiation received, measured using differing methods, has been 
collected and tabulated for the calculation of solar energy available at particular locations.  
This allows for the computation of a useful equivalence measure of the amount of energy that 
would be gained when the sunshine is at its strongest (taken as 1000 W/m
2
) (Akbarzadeh 
1992, p. 9).  This is called the number of Peak Sun Hours.  Not only is the amount of total 
radiation energy received a valuable quantification, the relative amounts of the components of 
this radiation are also an important consideration. 
   
1.2.4 Capacity Factor  
A measure of how often a power generating system can work is called the Capacity Factor 
(CF) and the CF of various electricity generating systems are shown in Table 1.2.  As 
illustrations, it is easy to see that PV cells can only work when the sun is shining and wind 
generators when there is breeze.  This indicator gives a measure of how often the system can 
work compared to being able to be run constantly.  PV cells clearly would have a capacity 
factor determined by how strong the sun is and how long is shines.  A frequently used 
approximation is that solar energy has a one third capacity factor because the amount of 
sunlight available in any one day represents roughly eight hours of the strongest sun.  Wind 
energy is analogous in that in certain locations the wind blows with a high degree of 
consistency (and then the wind generators have a high capacity factor) and in others it is not 
so (lower achievable capacity factor). 
 
Because the capacity factor for direct conversion of solar energy is obviously limited by the 
number and intensity of daylight hours this makes current systems quite expensive in 
comparison to some other technologies and there is concern about the amount of land that 
would need to be taken for very large scale generation using PV cells. 
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1.2.5 Wind Energy 
There are proponents for and against wind energy in Australia (Heinemann Interactive 2006).  
The people in the camp for wind energy are there for a number of reasons but especially 
because, apart from the concerns with manufacturing and disposal of the wind turbine 
components, electricity production is free from costs and pollutants.  The detractors however 
focus on a few concerns which have allowed them to halt complete projects (DEH 2006).  The 
main community opposition seems to be in relation to the aesthetics of wind towers in areas 
that they consider having high natural aesthetic values.  The associated noise is another factor.  
This ignores the Dickensian oppressiveness of most conventional power plants and the 
machinery required to feed them.  Another concern is the impact on birds even though the 
Federal Government commissioned modelling concluded for the Orange Bellied Parrot that it 
was „highly likely that their [wind turbines] effects would be masked by normal fluctuations 
that occur in the population due to natural environmental variables‟ (Smales et al. 2005, p.34).  
Opponents also maintain that the low capacity factor of wind is a major issue, claiming a 
proven average annual capacity factor of only 25% (Uranium Information Centre 2006, Wind 
Energy).  However, proper use of data on the prevailing winds and careful siting enable the 
capacity factor to be maximised although very few places in the world will have a truly 
constant wind. 
 
Table 1.2 - Capacity factors for some alternative energy system sources. 
Energy 
Source
Capacity Factor Reference Energy Source Capacity Factor Reference
Wind
35% Aust. approx. 
avg.
(REM 1999a) Landfill Gas
90% Aust. max. 
observered
(REM 1999d)
Solar
20% Aust approx. 
avg.
(REM 1999b)
Solid Waste 
Combustion
>90% max. 
theoretically poss.
(REM 1999d)
Wave
>25% from Aust. 
observations
(REM 1999c) Nuclear
>90% observed in 
best practice
(UIC 2005)
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1.2.6 Hydro Electricity 
Large scale hydro-electric schemes provided 92% of Australia‟s renewably generated 
electricity in 1997-1998 though by 2001-2002 this had fallen to 83% (Birch 2003, p.39).  It is 
likely that this percentage will fall further (QLDDE 2000, p.3) as the increase in hydro power 
is considerably slower than the growth in electricity generated from other sustainable sources.  
Small individual units dubbed Micro Hydro units have become quite popular in recent times 
with advances in turbine designs and increases in efficiencies of generating units making them 
more economical for remote area power supply (Nouni et al. 2006).  Small systems can be 
very inexpensive and can approach a hundred percent capacity factor for permanently running 
streams.  But therein lies a problem for the uptake of micro-hydro in Australia.  Australia‟s 
sporadic rainfall can make such streams a rarity. 
 
1.2.7 Tidal and Wave Harnessing 
The motion of the sea generates a vast amount of kinetic energy.  Harnessing this energy 
offers one way to supply electricity requirements without burning fossil fuels or creating new 
environmental perils.  Various improvements in turbine configurations and blade designs (see 
Figure 1.3) have been proposed for harnessing tidal and wave energy and one claim is that its 
costs will be as low as $0.15 per kWh (AGO 2003).  The system is not, however, as 
advantageous as it may first appear.  Its application is limited since not all populations are 
near the sea and in some areas the sea is relatively still (and thus the capacity factor is 
reduced) and, as well, there are ecosystems in any marine environment that have to be 
protected.  Corrosion from the salt and abrasives contained within water is also problematic, 
especially around moving parts and the immense damage potential of intense storm surges. 
 
 
 
 
 
 
 
 
 
Chapter 1 
 11 
 
 
 
 
 
 
 
 
 
 
 
 
 
1.2.8 Biomass Conversion 
Biomass conversion takes suitable organic material (including some bio-waste products) and 
combusts it (in some form) before or after treatment (Shepherd & Shepherd 1997).  The heat 
generated is commonly used to run a heat engine on a conventional thermodynamic cycle, but 
does have the advantage of not depleting fossil fuels.  If the crops used are carefully selected, 
biomass systems use otherwise wasted product that, during its lifetime, has converted out of 
the atmosphere carbon dioxide and other greenhouse gases.  This technology does however 
create greenhouse gases (as a carbon cycle) and potentially, depending on the system, other 
liquid and gaseous waste from the conversion process.  Adoption on a large scale will require 
input crops to be grown so as to have enough supply and this has its own potential problems 
(Cassedy 2000, p.74).  Although a step forward on its own this is not an endpoint for the 
development of sustainable electricity generating technologies. 
 
1.2.9  Low-Temperature Heat as a Source of Power 
The conversion of low-grade heat (most often thought of as below approximately 150°C) into 
power could not be called widespread.  The cost requirements to achieve this have 
traditionally been seen to be higher than wasting lower-grade energy and then using a virgin 
fuel input to source all energy.  As more importance is placed on sourcing sustainable energy 
Figure 1.3 – CAD image of a wave generator installed at Port 
Kembla, NSW (Energetech 2006). 
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and increasing energy efficiency (and therefore the reduction of waste) by governments and 
the wider society, the amount of usage of low-grade heat will increase.  The very 
thermodynamic nature of low-grade heat dictates having small temperature difference 
between the source and the sink and thus a very low conversion efficiency of heat to work.  
For example with a heat source at 58°C (331K) and sink at 25°C (298K) the Carnot efficiency 
(maximum theoretically possible) of converting heat to work is approximately 10% (Çengel 
& Boles 2002, pp. 454-456).  The benefit of low-grade heat, however, is its great abundance 
(Boddy 1994).  Examples include solar thermal processes that can generate ample heat for 
low-temperature conversion to electricity (without needing concentration) as well as the vast 
amount of low-grade heat wasted to the atmosphere from conventional power plants and 
general industry.  Many types of systems have been applied to utilise these sources with 
varying degrees of success and further prospects, however the amount of electrical energy 
being generated from them is not large.  Having established the advantage of using low-grade 
heat, the following chapter will consider sources of low-grade heat. 
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2 SOURCES OF LOW-GRADE HEAT 
Section 1.2.9 introduced the premise that low grade heat could be used to produce electricity 
and consequently lower our production of greenhouse gases.  This chapter explores the 
variety of underutilised sustainable and waste sources of low grade heat that can be employed 
for electricity production and consequently provide a low emission source of energy for our 
future. 
  
2.1 Solar Ponds 
 
 
 
 
 
 
 
 
 
 
 
 
An inexpensive and effective way of capturing solar thermal radiation is the use of a saline 
gradient solar pond (Figure 2.1).  The simple technology has been in use for decades now and 
solar ponds are used at a number of locations throughout the world (Jaefarzadeh 2006).  The 
concept involves a pond, not unlike a swimming pool, that maintains a varying salt content.  
There is a concentration gradient (see Figure 2.2) where the water at the bottom is saturated 
brine whilst at the top the concentration of salt is far lower.  This varying concentration has 
the effect of suppressing any movement of the water due to temperature induced buoyancy 
differences and as a consequence when solar radiation strikes the bottom, the heat energy 
transferred there remains at the bottom.  As already indicated, this is due to the lack of 
buoyancy which prevents any circulation of the heated water and thus the heat is maintained 
at the bottom and not transferred to the rest of the pond.  This leaves an insulated layer at the 
Figure 2.1 - Solar pond in Pyramid Hill, Victoria (Deylen 2001). 
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bottom of the pond which collects and stores heat well above ambient temperature (Karakilcik 
2006).   
 
 
 
 
 
 
 
 
 
 
 
 
Development work for improving the effectiveness of solar ponds continues through  trials 
such as the establishment of ponds using salts alternative to the most commonly used sodium 
chloride (Chinn et al. 2003) and studying how biological processes within the ponds affect 
performance (Malik et al. 2003).  Progress has been made in areas of the thermal modelling of 
solar ponds to optimise the operation, site selection and sizing (Zangrando 1991; Fonseca et al. 
2003).  It is hoped that this will aid in the wider application of the technology in future. 
 
2.2 Geothermal Energy 
Around the world there are certain points where the earth's crust allows relatively easy access 
to very significant amounts of geothermal energy.  Famous are the pictures of steam geysers 
and boiling mud in New Zealand which graphically depict the thermal energy available.  In 
these areas, it is very easy to extract high-grade heat to use for electricity generation as the 
temperatures of the geothermal steam and hot rocks provide high-grade heat which is suitable 
for conventional power generation (Charlier & Justus 1993; Huttrer 2001).   
 
Australia has very limited high-grade geothermal resources in contrast to a great number of 
other countries (REM 1999e, p.98).  The continent is tectonically very stable and, 
consequently, deep wells (5km or more as seen in Figure 2.3) have to be sunk to find layers of 
Figure 2.2 - Schematic diagram of salinity solar gradient solar 
pond (Burston & Akbarzadeh 1995). 
Chapter 2 
 15 
the earth‟s crust that have high enough temperatures to be economically worthwhile pursuing 
for use with conventional power plant cycles (Narayan et al. 1998; ANU 2003).  The costs of 
drilling to 5km or more (temperatures shown in Figure 2.3) can be more than two and a half 
times the cost of the actual power plant (Kanoglu and Çengel 1999).  The Glenelg Shire 
Council in Victoria commissioned a report examining the potential for geothermal energy use 
in Portland.  This estimated the cost of a 3.5km bore hole in that region to be AUD $1.98 
million (Ruge 1999).  If Australia is to use this resource without the high costs of drilling, 
shallower bores (and hence lower temperatures) must be used.  Barbier suggests that a 
hydrothermal resource of temperature less than 100C becomes of „economic interest‟ when it 
is „found at a depth of less than 2 km, if the salt content of the water is lower than 60 g/kg, 
and if the wells have high flow-rates (above 150 t/h)‟ (Barbier 2002, p. 15) 
 
 
 
 
 
 
 
 
 
 
 
 
 
A considerable amount of the available geothermal energy is not at this high-temperature (or 
steam dominated) but at significantly lower temperatures not high enough to produce steam 
(hydro dominated).  There is however considerable use of this resource overseas for process 
and building heat at points close to the source (Lund & Freeston 2001).  Australia has 
considerable hydro-dominated resources including those in the Great Artesian Basin, 
Queensland (Enreco 2000) as well as the Otway and Gippsland Basins (King et al. 1985; 
Akbarzadeh & Thompson 1985).  Although the use of this naturally heated water has greatly 
increased in Australia since 1995 (Burns et al. 1995; Burns et al 2000), it is exploited only to 
a small fraction of its potential (Burns et al. 2000, p. 108).           
Figure 2.3 - Extrapolated temperatures at 5km depth (Australian 
National University, 2003). 
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2.3 Industrial Waste Heat 
Another form of 'free' energy is the heat discarded by industry.  The vast amount of low-grade 
thermal energy wasted in varying industrial processes is illustrated in Table 2.2 and 
temperature ranges of the waste streams are shown in Table 2.1.  It is indisputable that the 
best use of this heat is for process work, as no conversions have to be made, but there is only 
so much energy in the form of heat that certain processes can use economically.  A useful way 
to reclaim this energy would be in the form of electricity as it can be used as one of the 
primary inputs for the business which produces it and any excess can be fed back into the grid.  
In an age where the evidence for global (as well as local) warming is massing, governments 
are becoming more enthusiastic about reducing greenhouse emissions (AGO 2006) and the 
directives on energy wastage have become more prevalent.  The production of electricity from 
otherwise discarded heat would be a way of reducing overall emissions and this is more likely 
to become viable as energy becomes more expensive and the likelihood of CO2 taxes being 
introduced increases.  As industry provides the convenience of a concentrated energy source, 
economies of scale can be applied to utilise this heat with the lowest cost per unit of heat 
input.  The ways of converting low-grade heat to power will be considered in the following 
chapter. 
 
 
 
 
 
 
 
 
 
 
 
 
 
Table 2.1 - Waste energy proportions and temperatures for the 
USA (Boddy 1994, p. 138). 
Table 2.2 - Waste energy stream levels for the USA [1 Therm = 105.5 MJ] (Boddy 1994, p.137). 
Energy Stream
Total Thermal 
Energy 
Rejection (%)
Temperature 
of Stream 
(°C)
Condenser cooling water 11 43
Contaminated process water 17 49
Condensate 2 82
Boiler exhaust 9 250
Furnace exhaust 27 361
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3 UTILISATION OF LOW GRADE HEAT FOR ELECTRICAL 
POWER PRODUCTION 
3.1 Methods for Harvesting Low-Grade Heat 
The great abundance of low-grade heat resources means that, if these can be readily converted 
into electricity, the advantages would be considerable.  This is because electricity has the 
greatest range of uses of all energy and is easily transported via existing grids.  Exploring the 
possibilities of the various methods available for harvesting this resource is therefore an 
important task in the pursuit of a number of goals, including creating less pollution for the 
environment.  Electricity generated from any heat source requires either a heat engine or a 
direct conversion device.  This chapter focuses on the relative merits of current and potential 
variants of these two basic methods of converting low-grade heat to electricity.  The 
fundamental theory used to evaluate aspects of heat engine performance will be discussed and 
the existing literature pertaining to the subject reviewed as well as looking at some existing 
installations.  The final part of the chapter presents a basic theoretical analysis of two 
competing cycles, one from classical thermodynamics and the other developed from more 
recent treatments. 
 
3.1.1 Direct Thermal to Electrical Conversion 
The process of producing electricity from heat without intermediate steps is called the „direct 
conversion‟ method of making electricity from heat energy.  Such direct conversion of energy 
holds immense potential if it can be developed for large scale application as it does not 
involve unnecessary intermediate energy conversions (with the associated losses) or the 
expense of additional equipment.  One technology used for direct conversion, simply called 
„thermoelectrics‟, uses dissimilar metals (in the way a thermocouple operates) to produce low-
voltage electricity.  There is however much conjecture that in practicality the system is limited 
to an efficiency of 10% or less due to the temperature limitations of the materials used (Ono 
& Suzuki 1998; Dictionary of Environmental Science and Technology 2000, p. 600).   
 
In situations of low-temperature difference, the low cycle efficiencies (even for ideal heat 
engines) mean that eliminating intermediate conversion may, in time, give an overall cost 
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advantage to such direct conversion systems.  This possibility has given rise to proposals for 
other direct conversion systems including thermionics, ferroelectrics, magnetohydrodynamics 
and electrogasdynamics (Garg 1987).  The efficiencies of these direct conversion systems, in 
their present form however, are so much lower than competing technologies that they are not 
cost effective and therefore attractive in a competitive market (Garg 1987, p. 236; Dictionary 
of Environmental Science and Technology 2000; Smith n.d., p. 4).   
 
3.1.2 Low Temperature Heat Engines 
Currently, electricity can be produced more efficiently and cheaply using a heat engine than is 
possible using any direct conversion system.  With continuing development, new heat engine 
cycles and methods of operation are being explored and the use of lower source temperatures 
may thus become more economically viable.  Improved technologies come about through 
evolution (or radical redesign) of the cycle parameters, as well as there being considerable 
advances in the componentry of the conversion plants.  Areas where improvement is taking 
place include single and bi-phase expanders, electrical generators, heat exchange mechanisms 
and working fluids.  For measuring potential improvements and comparing heat engine cycles 
and components, basic theory that has universal application is already established. 
3.2 Basic Heat Engine Theory 
 
 
 
 
 
 
 
 
 
Heat engines have had a long developmental history (Kolin 1972) and their operation follows 
well established and understood thermodynamic principles.  A heat engine changes heat 
energy into more useful mechanical energy (Figure 3.1) and can be defined as „a system 
which operates continuously and across whose boundaries flow only heat and work‟ (Eastop 
Figure 3.1 - Schematic of a forward heat engine. 
Chapter 3 
 19 
Reversible processes in the cycle: 
12: Isentropic Expansion from T1 to T2 
23: Isothermal Heat Rejection 
12: Isentropic Compression from T2 to T1 
23: Isothermal Heat Supply 
 
T 
S 
3 
4 
2 
1 
Heat In 
Heat Out 
Expansion 
(Work Out) 
Compression 
(Work In) 
T1- 
T2- 
& McConkey 1993, p.88).  The principle of conservation of energy, set out in the first law of 
thermodynamics, states (neglecting any thermal or mechanical losses) that the energy from 
the heat source must equal the sum of the heat rejected and the work output, i.e.: 
 
                   Qinput = W + Qrejected 
    W = Qinput - Qrejected   
 
In principle the shaft work output is a conversion of the energy that is taken during heating 
less that released during cooling.  This principle underlies all heat engines including the 
Rankine Cycle Heat Engines (RCHEs).  The RCHE is used for nearly all conventional power 
plants and utilises a heat source, often fossil fuels, and a cold source, usually a cooling pond.  
The output work drives an electrical generator.  As previously stated, there are well developed 
principles upon which to gauge a heat engine‟s performance.  These principles are examined 
in further detail later in this chapter  
 
3.2.1 The Carnot Cycle Heat Engine and Carnot Efficiency 
The Carnot cycle has traditionally been held up as the perfect heat engine cycle.  It consists of 
four ideal reversible processes, using an ideal working fluid, applied between a heat source 
and sink with constant temperatures.  In practice, for the same temperature reservoirs, it is 
possible only to achieve around half of the thermal efficiency of the Carnot cycle due to real-
world irreversibilities that represent lost work output (Eastop & McConkey 1993, p. 125).  
The processes involved in the Carnot cycle are represented on a temperature-entropy (T-s) 
diagram in Figure 3.2.    
 
 
 
 
 
 
 
 
Figure 3.2 - Carnot cycle shown on a temperature vs. entropy chart. 
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The thermal efficiency of any heat engine system is defined as the work output divided by the 
gross heat energy input.  This can be rearranged to:  
 
input
rejectedinput
input
thermal
Q
QQ
Q
W



 
 
Where: η is the efficiency of conversion 
  W is the work output 
  Q  is the heat transfer. 
 
From this equation, it can be seen that the efficiency of a heat engine can never actually reach 
100% if any heat is rejected in the process, as the numerator can only be less than the 
denominator.  Some amount of heat has to be rejected to the sink for the heat engine to 
operate and not contravene the second law of thermodynamics know as the Kelvin-Plank 
statement (Çengel & Boles 2002, p. 253).  This demonstrates that no heat engine can achieve 
an efficiency of 100%.  As previously stated, the maximum theoretically possible efficiency 
for a heat engine is the Carnot efficiency, the derivation of which will be discussed later (see 
section 3.9). 
 
The Carnot cycle, however useful it might appear as a benchmark, can only give a very vague 
measure upon which other heat engine cycles can be judged.  This is due to Carnot having 
modelled the cycle on truly perfect conditions that, while useful as a starting point, fail to 
show the conditions of many real-life heat sources.  Carnot himself saw the results as more 
illustrative than anything else and has been reported to say: „The attempts made to approach 
this result would be even more harmful than useful, if other important considerations were 
neglected‟ (Kolin 1972, p. 56).  Due to these „other important considerations‟, further cycles 
have been developed for heat engines, including the Rankine cycle, which can be achieved 
with current technology. 
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(a) (b) 
3.2.2 Rankine Cycle Heat Engines 
The development of the Rankine cycle came about from the practical difficulties in designing 
a system using the Carnot cycle.  This can be illustrated by considering water as the working 
fluid for the Carnot cycle as shown in Figure 3.3a.  At point 3 (Figure 3.3a), the steam is a 
mixture of saturated liquid and wet vapour (at T2).  It is difficult to stop condensation at point 
3 and to compress the mixture to the state at point 4 due to limitations in turbine machinery.  
There have proved to be benefits, however, in allowing this condensation process to reach its 
completion and this is called the Rankine cycle (Figure 3.3(b)).  For this new cycle, the 
working fluid is entirely liquid at point 3 and thus can be more easily pumped up to the 
pressure required to flow into the boiler at point 5.  Due to this modification, the fluid at state 
4 in the Rankine cycle is not at the saturation temperature which corresponds to the boiler 
pressure.  Therefore, heat must be supplied to the fluid to take it from a sub-cooled liquid at 
state 4, to a saturated liquid at state 5.  This process is not a constant temperature process 
(obviously) but it is a constant pressure process.  This cycle modification means, due to the 
irreversibilities introduced into the new cycle, that the efficiency of the Rankine cycle will 
always be lower than the unmodified Carnot cycle (Eastop & McConkey 1993, p. 235).   
 
 
 
 
 
 
 
 
 
3.2.3 Rankine Cycle Heat Engines using Organic Working Fluids 
A major disadvantage of standard water-based Rankine cycle heat engines is that they operate 
above 180ºC (PIR-SA 1999).  In order to design and produce a heat engine that utilises low-
grade heat (<80C) water cannot be used as the working fluid unless under considerable 
Figure 3.3 – Temperature vs. entropy plots for Carnot cycle (a) and Rankine cycle (b) (Eastop 
& McConkey 1993, pp. 234-235). 
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vacuum.  These machines must operate within a narrow temperature range as it is often 
impractical to lower the heat sink temperature and this leaves a relatively small temperature 
difference between the source and sink.  Within this range of temperatures, the liquid must 
undergo phase changes (i.e. boil/condense) for the engine cycle to produce net work.  Organic 
Rankine Cycle Heat Engine (ORCHE) is the term given to the group of devices that use any 
working fluid other than water to achieve this.  In all cases, similar types of components are 
used and the technology is well established (Smith 1994, p. 98). 
The cycle takes the same form detailed in Figure 3.3(b) and uses the same basic components 
shown in Figure 3.4.  There has been significant development of these ORCHE devices and 
much work done on developing the working fluids (discussed in a subsequent chapter).  This 
has allowed specific component selection and the tailoring of the cycle parameters to operate 
in the temperature band chosen. 
 
 
 
 
 
 
 
 
 
 
 
 
3.2.4 Cascading Energy Conversion  
The idea that waste heat being discarded from a conventional steam power plant can be itself 
used for electricity production is called a „cascading‟ energy cycle (Figure 3.5).  The initial 
(topping) or main thermodynamic process occurs at high-temperature and is the first use of 
the heat energy released from combustion.  To complete this initial cycle, heat must be 
removed from the working fluid in the condensing process and traditionally this heat would 
be discarded to atmosphere using cooling towers or similar.  The secondary (bottoming) part 
of the cycle uses this heat that would be otherwise unused (from the topping part of the 
Figure 3.4 - Schematic of a Rankine cycle power plant 
(Eastop & McConkey 1993, p. 236). 
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process) as its energy input.  The bottoming heat engine cycle is tailored to the much reduced 
temperature difference between the heat input (being discarded from the topping process) and 
the heat sink.  The conversion of otherwise wasted energy from the plant has not only lowered 
the amount of heat discarded to the atmosphere but has also gained useful work. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The thermodynamically inefficient processes used by conventional electricity generating 
systems can see 65-75% of the fuel energy discarded to the atmosphere (Leibowitz & 
Schochet 2001) and Angelino and his colleagues (1999) believe there is a huge potential for 
improved energy use here.  Theoretically, an ideal system (that rejects the minimum possible 
energy to the low temperature reservoir) would have perfectly efficient components operating 
over an infinite number of cascading cycles using infinitesimally small temperature 
differences between the heat source and sink (Smith 1993, p.181; Ibrahim & Klein 1996, p. 
22).  Thus no energy (beyond the minimum final rejection to the low temperature reservoir) 
would be discarded without being used by another process and the very small temperature 
differences over which these units operate allow the heat transfer to be reversible.  Sadie 
Carnot, in his very famous 1824 publication describing the perfect heat engine, showed that 
reversible processes are always to be sought as they are invariably more efficient than 
irreversible processes (Çengel & Boles 2002, p. 269; Eastop & McConkey 1993, p. 125). 
Figure 3.5 - Cascading cycle from an open gas turbine to a lower 
temperature steam cycle (Eastop & McConkey 1993, p. 671). 
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As a mark of the widespread lack of efficiency within conventional power plants, it has been 
calculated that the amount of heat energy American power plants discard to the atmosphere 
(as the heat sink) is the equivalent of Japan‟s total electrical consumption (Lovins 2001).  This 
isn't to suggest that all of this energy could be harnessed and Japan be powered solely by the 
discarded energy of the USA.  However if any part of this wasted energy could be captured 
and utilised, current electricity generating technologies would automatically become more 
efficient overall as well as less heat energy escaping into the atmosphere for no wanted, useful 
or predicted effect. 
 
3.3 ORCHE Installations 
The commercialisation of ORCHEs aimed at extracting power from low-temperature sources 
started in the 1960s (Sawyer & Ichikawa 1980, p. 630).  Tabor and Bronicki (cited in Garg 
1987, p. 241) published results obtained from a 4kW solar turbine using a binary Rankine 
cycle that was later modified and sold as one of the first of many Ormat produced ORCHEs.  
The rest of the decade saw further commercial development that included the installation of a 
3.8 MW ORCHE plant in Japan in 1968 (Garg 1987, p. 241).  The research has continued 
(Prasad 1980; Rohrer & Bronicki 1980; Bronicki et al. 2003).  Illustrating the progress in 
these devices, the Ormat company has been producing ORCHEs for geothermal and waste 
heat reclamation for over forty years (Ormat 2006).  An Ormat waste heat recovery plant is 
shown in Figure 3.6.  
 
 
 
 
 
 
 
 
 
 
 
Figure 3.6 - Ormat 6.5 MW Gold Creek waste heat 
recovery power plant Canada (Ormat 1999). 
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There have been two notable ORCHE installations in Australia.  The first electricity generated 
from hot water or „hydro-dominated‟ geothermal energy in Australia was in May 1986 on 
Mulka Station, South Australia (see Figure 3.7).  An ORCHE was connected to the station's 
artesian bore (at 86C) and, for the 3½ years it operated, generated in excess of 10kW 
continually (dependant on ambient conditions) and thus displaced diesel generated power.  
This is thought to be the lowest temperature hydrothermal engine used successfully anywhere 
in the world (Sawyer 1991, p. 157; Burns et al. 2000, p. 100).   
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 3.7 - Schematic diagram of Mulka Station geothermal power 
plant (Burns et al. 2000, p. 100). 
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A larger unit has been installed in Birdsville (Queensland) which generates a net 80kWe 
utilising the town's 99ºC water bore.  The plant (Figure 3.8) was shut down in 1996 due to 
environmental concerns over the original CFC working fluid (EPA Queensland 2005).  It was 
later recommissioned with alterations that included a switch to a hydrocarbon refrigerant 
(isopentane).  The upgrade was completed in August 2000 and the plant went back online.  As 
a measure of its success and prominence, Queensland Energy Minister John Mickel 
announced recently a study into the feasibility of expanding Australia's only running 
geothermal power station to approximately quadruple its output (ABC News Online 2006). 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Although low-temperature systems in Australia have been used effectively for remote area 
power systems, greater benefit would come from larger populations utilising the resource.  
This would allow for economies-of-scale and reduce long distance transmission losses.  This 
is the most likely reason that Australia‟s electricity production from geothermal energy has 
Figure 3.8 - Schematic diagram of Birdsville geothermal 
power plant (EPA QLD 2005, p. 2). 
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been limited to the two installations, Mulka Station S.A (no longer operating) and Birdsville 
Queensland.  Portland, Victoria has exploited its hydro-dominated geothermal resource, using 
the thermal energy to heat municipal buildings such as the hospital, police cells, and 
swimming pool.  Very little of the contained heat energy is extracted from the bore water 
leaving considerable scope for making electricity from this source also, a study of which is 
raised later. 
 
3.4 OTEC 
The Ocean Thermal Energy Conversion (OTEC) system promises almost unlimited potential 
and it could be contended that it is the epitome of low temperature thermal conversion, 
delivering true sustainability of operation.  OTEC, an idea proposed in the 1880s (Daniel 
2000), uses the temperature gradient between the surface of the sea and the much cooler 
depths below to create a heat source and sink for a heat engine (Eastop & McConkey 1993, pp. 
89-90).  The OTEC system boasts a net energy production as long as the temperature 
difference is greater than approximately 20°C (NELHA 2005).  There have been two systems 
explored: a binary cycle using ammonia as the working fluid (closed cycle see Figure 3.9) and 
a flash based cycle (open cycle see Figure 3.10) that also produces desalinated water.  
Another benefit of the OTEC system is the ability to service a district cooling system in the 
reverse of a Combined Heat and Power (CHP) system. 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 3.9 - Closed OTEC cycle (Oceanatlas 2006). 
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An intrinsic compromise however exists for the placement of such plants.  In order to access 
the highest available temperature, a choice has to be made to site the plant: 1) at the feed 
water source and consequently pipe the electricity and fresh water to the population centre, or 
2) site the plant within a city and consequently pump the feed-water to the plant.  Even small-
scale, off-shore power plants would need to process many cubic metres per second of sea 
water and therefore pumps would have to be very large and piping strong enough to withstand 
such large movements of sea water possibly contaminated with abrasives.  The cold water 
pipe must draw large volumes from significant depths and this pipe accounts for 75% of the 
cost of current designs (Daniel 2000).  The requirement to process such a high volume flow 
rate of sea water is the barrier that prevents the system being commercially feasible (Cassedy 
2000).  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Another concern comes from the potential environmental consequences of shifting such large 
volumes of water.  These may manifest themselves from the physical movement of the water 
or the possible altering of the natural thermal gradients locally.  Other concerns focus upon 
ocean flora and fauna, the stability of the piping system under storm conditions and the 
release of CO2 from the water raised to its new lower-pressure surroundings (Lior 1997, pp. 
Figure 3.10 - Open OTEC cycle (Oceanatlas, 2006). 
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946-947).  If these concerns can be addressed (and the technology brought in cheaply enough 
for general application) the OTEC system could see widespread uptake. 
 
3.5  Component Advances 
Advances in the design and manufacture of the components used in heat engines has also 
progressed the field towards the goal of cheaper production of electricity.  Some technologies 
that are currently only marginally viable will only become competitive after further 
improvements in the components of these engines.  Examples of these advances are presented 
next. 
 
3.5.1 Heat Exchangers 
Research publications focussing upon the science of heat exchange increased dramatically 
towards the end of the last century (Bergles 1998, p. 11.2).  With more than 5000 papers 
published in the area (excluding patents and manufacturer‟s literature) from the middle of the 
century to around 1990, the growth can be approximated as exponential (Bergles 1998, p. 
11.1).  This illustrates the very great interest in the area and is a measure of the understanding 
gained in the field. 
 
The heat exchange mechanism of the OTEC system is currently thought to be the limiting 
factor that prevents its widespread application.  Bergles (1998, p. 11.5) suggests that over half 
of the capital costs for the OTEC system comes from the heat exchangers and so special 
attention must be paid to cost-effective transfer enhancement.  Bergles continues in the paper 
to state that the net output of the system is „determined primarily by the heat transfer rates in 
the evaporator and condenser and by the power consumed by the seawater pumps‟.  Yeh and 
his colleagues (1995) examined the parameters for generating maximum power using the 
OTEC systems and also concluded, that through optimising the cycle conditions, heat 
exchange rates hold the ultimate key to the optimisation of the OTEC system.  Lior (1997, p. 
946) suggests that the cooling system of an immense seawater pump and heat exchanger 
developed for OTEC could be applied to conventional power stations to „raise the plant 
efficiency by at least 10%‟.  
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3.5.2 Expander Development 
One method for improving the efficiency of a heat engine is to improve the thermodynamic 
performance of the unit used to extract power from the pressure difference of the working 
fluid.  The development of multistage turbines using more durable materials was an historical 
improvement in early conventional steam power plants and improvements continue.  
Although it is well known that hydro-dominated resources could be exploited competitively 
using efficient two-phase expanders, there has not been the progress needed to begin to 
achieve this until recently (Smith et al. 2001; Smith & Stosic 2001; Smith et al. 2005).  
Showing this promise are the new designs of twin screw rotors (Taniguchi et al. 1988; Smith 
et al. 1996; Smith & Stosic 2001; Smith et al. 2005) made possible by progress in 
manufacturing and computational fluid dynamics, which has largely been achieved through 
analysing screw machines working as compressors (Hanjalić & Stosic 1997; Kovacevic et al. 
2001).  As new working fluids are trialled to increase overall heat engine efficiency, so too 
are new ways to exploit their benefits through new apparatus.  Also explored has been the 
application of existing „off-the-shelf‟ compressor units produced for refrigeration, adapted to 
function as expanders, in heat engine applications in order to reduce the cost per kilowatt hour 
of electricity (Brasz et al. 2005).   
. 
3.6 Other Innovations in Thermodynamic Cycles and Novel 
Applications 
Much research has focused upon analysing these basic thermodynamic cycles to optimise the 
cycle conditions and explore the relative contribution of various components to energy losses.  
This research has increased the range of heat engine applications and also the commercial 
viability of some technologies.  Although much of the work has focused upon application to 
the high temperatures achieved in conventional power generation, some attention has also 
been paid to lower grade heat.  
 
The exploration of the ORCHE basic cycles in publications such as Sawyer and Ichikawa 
(1980) saw the use of a variety of refrigerants to determine the relative merits of the fluids and 
the most critical of the cycle operating conditions.  In their modelling of temperatures from 
93.3°-204.4°C, they hypothesised that the Rankine efficiency is directly dependent upon the 
cycle temperatures of the working fluid and that the most benefit for any fluid was to lower 
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the condensing temperature.  Hung‟s study of ORCHEs (2001) suggests that, of the 5 working 
fluids modelled, there is a conflict between system efficiency and increasing irreversibility.  
He contends, for each set of input conditions, that the intersection of these opposing trends be 
sought in order to optimise the output of the machines.  Found once again in Hung‟s analysis 
is the great sensitivity of the ORCHE‟s overall conversion efficiency to the irreversibility 
occurring in the evaporator and the condenser (in their relative contributions).  He determines 
that they „are the most important factors affecting the system efficiency‟ (Hung 2001, p. 546).  
A similar conclusion was drawn by Göktun (1996) from his investigations of irreversibilities 
when a solar pond is used as the source for a heat engine. 
 
Yamamoto et el. (2001) looked into improving the performance of ORCHEs for low-grade 
heat, modelling an intermediate fluid on the Montreal Protocol phase-out list (HCFC-123) and 
water as the working fluids before comparing them to the empirical results obtained.  The 
simulation results suggest that, for fluids of low latent heat like organic refrigerants, work 
output is greatest for introducing a saturated vapour (without superheat) to the expander and 
this produces the greatest mass flow rate.  The converse was shown for water, it being a fluid 
with a very high latent heat value.  The numerical simulation concluded that the cycle 
efficiency was improved for both working fluids with an increase in pressure ratio.  The 
experimental results also showed the advantage of using superheat in the cycle when using 
water and the beneficial absence of superheating for the organic fluid. 
 
Lee and Kim (1991), in their attempts to discover how to optimise an ORCHE using various 
fluids, conducted a finite time analysis, modelling a finite heat source.  They also found that 
the most critical parameters are the source and sink temperatures and the pinch-point 
temperatures in the heat exchangers.  Further work of theirs (1992) concluded that, for the 
most advantageous of the fluids, the isentropic efficiency of the turbine is the most critical 
component of the machine when modelling a finite heat source.   
 
Many investigations and comparisons have been performed of various heat engine cycles 
including some based upon „absorption power‟ cycles so called because of their development 
from absorption refrigeration cycles.  Amongst the cycles investigated is the Trilateral Flash 
Cycle (explored further in section 3.10) the Kalina and the Maloney & Robertson cycle 
(Ibrahim & Klein 1996), the Goswami cycle (Hasan et al. 2002; Goswami et al. 2004; Tamm 
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et al. 2004; Sadrameli & Goswami 2007), the Wicks cycle (Wicks 1996), the Lorenz cycle 
(Hasan et al. 2002; Vijayaraghavan & Goswami 2003), the Smith cycle (Smith et al. 2005) 
and patents of machinery with some potential such as the Low-Temperature Engine System 
(Saulson & Rosenblatt 1989).  It should be noted that all of this work addresses heat recovery 
above 80°C only and so does not address possibilities below this temperature.  Much of this 
research has been based upon updated principles of heat source modelling and it is this new 
theoretical approach that has allowed these advances.  Alex Kalina, through his work on the 
Kalina cycle, has probably gained the most publicity of any thermodynamic researcher in this 
area during recent years but as can be seen, he is not the only one to have progressed 
understanding and innovation in the field.  The Kalina cycle exploits phenomena that occur 
with specially prepared working fluids and it is this field that is examined next. 
 
3.7 Development in Working Fluids and their Selection  
Arguably the most crucial selection for any heat engine is the working fluid with which it 
operates.  All other components are based on the thermodynamic and physical properties of 
the working fluid.  This is why considerable development has gone into examining such 
aspects as favourable selection criteria, the properties of fluid mixtures and the predictive 
modelling of fluid behaviour.  Recent advances in these areas will now be briefly discussed. 
 
3.7.1 Working Fluid Properties 
In order for any heat engine to function, the working fluid chosen must provide the necessary 
physical and thermodynamic conditions at the design temperatures.  As previously stated, the 
Carnot, Rankine and Trilateral Flash Cycle (TFC) require the fluid to change phase from 
liquid to vapour somewhere in the cycle and then return.  Factors such as the temperature, 
pressure, buoyancy, viscosity, and the latent heat of vaporisation make choosing the optimal 
fluid a compromise, for any set of conditions.  Cost and environmental considerations also 
have a bearing on the final selection as does the specifics of the heat resource being exploited. 
 
Water is often considered the optimal working fluid because of its cost, availability and 
environmental impact.  Its thermo-physical properties make it optimal for use in applications 
where vaporisation of the working fluid is well above 100°C.  This means that the water can 
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boil above atmospheric pressure and create what is termed a „positive pressure‟ machine.  
Conversely devices such as the TSR, requiring water to boil at below 100°C, involve an 
internal working pressure below atmospheric and thus are in danger of contamination from 
non-condensable gases (such as air) being drawn into the „negative pressure‟ system.  The 
loss of refrigerant to atmosphere for a positive pressure machine can be costly in terms of 
financial and environmental impact if the working fluid has high toxicity.  The environmental 
concerns are of course quite small in comparison if water vapour is released into the 
atmosphere. 
 
The more modern working fluids are often called refrigerants (due to boiling under standard 
atmospheric conditions) and their use has the advantage of being able to tailor the 
thermodynamic cycle to the temperatures available.  Pitanga Marques da Silva (1989, p. 39), 
in his investigation of organic refrigerant mixtures for use with the TFC, suggests that 
„Organic fluid cycles have higher cycle efficiencies than steam cycle for the same heat input 
conditions because higher fluid temperatures can be achieved‟ and this is explored further in 
section 3.10.  He also contends that in comparison to low temperature flash systems that use 
steam, the costs of ORCHEs is less due to reduced turbine sizes and the ability to use extract 
and process heat at lower temperatures.  Hudson (1988, p62) agrees that the overall efficiency 
of using an organic refrigerant is „considerably higher‟ than water at lower temperatures.  
Yamamoto et al. (2001) designed and tested a RCHE using water and HCFC-123 to compare.  
Their conclusion was that the organic refrigerant not only provided for a higher cycle 
efficiency, but the lower level of superheat required for the organic fluid (through the turbine) 
was more suited to the type of rotodynamic machinery they tested.   
 
When selecting a pure organic working fluid for use within a low temperature heat engine, 
Iqbal et al. (1976) noted the requirement to develop a high pressure ratio for maximising 
power extraction.  They suggested from their observations, that selecting a „higher-molecular-
weight‟ pure refrigerant (such as isopentane) minimises the amount of superheating of the 
working fluid at the turbine inlet and outlet.  When examining particularly low sink and 
source differences (such as in the OTEC system) they concluded that blends of working fluids 
would provide the most desirable overall properties for a working fluid (Iqbal & Starling 
1976).  Many inroads have been made, illustrated by the current promising blends and cycles.  
Chapter 3 
 34 
This is, in part, due to the exploration of zeotropic fluids by many such as Kalina and 
Maloney and Robertson (Ibrahim & Klein 1996). 
 
Desirable characteristics for organic refrigerants has been the focus of a number of 
researchers including Sawyer & Ichikawa (1980), Lee et al. (1993), Maizza and Maizza 
(1996; 2000), Hung et al.(1997), Angelino et al. (1999), Hung (2001) and Yamamoto et al 
(2001).  From their work, it would appear that a desirable working fluid would have the 
following characteristics: 
 
 „dry‟ vapour (meaning a fluid that superheats during expansion) 
 isentropic behaviour of fluid throughout the cycle 
 a high coefficient of latent heat and low coefficient of specific heat resulting in a near 
vertical saturated liquid line on T-s diagram 
 high pressure ratio resulting from large difference in the specific volume of the 
saturated liquid and vapour 
 small specific volume of the saturated liquid 
 low viscosity 
 high thermal conductivity 
 thermally stable 
 low surface tension 
 compatible with a wide range of materials 
 low toxicity 
 low corrosivity 
 compatible with chosen lubricant 
 results in manageable pressures within the system (especially important for the 
vulnerable and expensive components) 
 
Maizza and Maizza (1996; 2000) examined the relative thermodynamic merits of some 
organic refrigerants used in low temperature ORCHEs.  Modelled using source temperatures 
between 80°C and 100°C (and various sink temperatures), isobutane (R600a) and HCFC-123 
proved to be the most efficient throughout the various tables of calculated results.  HCFC123, 
itself a replacement for CFC-11, is due to be phased out under the Montreal Protocol which 
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makes it unsuitable for consideration in machines required to give more than short service.  In 
concluding they also note the increased interest shown by industry in other hydrocarbon 
refrigerants due to their competitive price and widespread availability.  Isopentane (HC601a) 
has this accolade as its main use has become an ingredient in foam blow-moulding and as 
cheap industrial solvent. 
 
3.7.2 Isopentane as a Working Fluid 
Chemicals can have a detrimental effect to the environment and organic working fluids are no 
exception.  The original generation of CFC and HCFC refrigerants were proven to be 
detrimental to the ozone layer.  The Montreal Protocol, drawn up in 1989, was the 
embodiment of the world reaction to these harmful gases.  Under the Protocol‟s directives, 
HCFCs must be phased out and so the search for replacements began.  Pure hydrocarbon 
compounds are gaining popularity in a number of industries including refrigeration and foam 
manufacture as they are not limited under the Protocol.  Isopentane (R601a) is one of the 
fluids, which in the past, has mainly been used as a cheap solvent due to its lack of other uses.  
Isopentane has been used for a number of low temperature heat engine installations, one of 
those notable being the Birdsville geothermal plant.  Isopentane has found its use here as it 
has a number of the desirable properties shown in the previous list.  Due to the successful use 
of isopentane in other low-temperature heat engines, the refrigerant chosen for the RMIT low-
temperature binary projects has become isopentane over the previously used R123.   
 
3.7.3 Predictive Modelling of Fluid Properties 
In order for heat engines and their cycle to be modelled accurately, the relevant properties of 
the working fluid must be known.  Considerable research efforts have gone into developing 
equations that allow these properties to be determined and used for such purposes as heat 
engine analysis.  Many methods have been explored to produce equations of state and other 
predictive models for the study of fluid behaviour.  Modern adaptations of generally accepted 
equations are also being explored to improve on current predictive models (Hernandez-
Garduza et al, 2002) for fluids such as isopentane.  This allows simulation of heat engine 
cycles to gain preliminary information about cycle efficiencies and applications. 
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In situations of low temperature difference between the source and sink, as in a low 
temperature heat engine, losses within the system become more critical to the overall net 
efficiency.  This is due to the simple fact that these losses will account for a higher percentage 
of the perfect (or ideal) output of the device.  Losses pertaining to, for example, the internal 
fluid friction become more of a factor for low temperature heat engines and so these losses 
need to be accounted for accurately in fluid modelling.  Another important aspect of fluid 
modelling is the heat transfer characteristics of the working fluid.  Errors in predicting these 
characteristics can induce large errors in the theoretical results of the heat engine and thus 
negate the usefulness of the analysis.  There is little published work exploring the deviations 
of these models when applied to low temperature heat engines utilising „modern‟ working 
fluids. 
 
3.7.4 Working Fluid Mixtures 
Fluids have become available that are no longer bound to the traits of fluids traditionally used 
in heat engines.  When using pure working fluids in isobaric conditions, boiling and 
condensing occur at a constant temperature.  Recently new heat engines have been developed 
based on circulating a mixture of more than one fluid, such as ammonia and water, instead of 
one pure fluid.  The altering of fluid proportions during evaporation or condensation results in 
a temperature change during the constant pressure process not occurring in pure fluids.  This 
change in temperature is called the temperature „glide‟ of a „zeotropic‟ fluid and allows the 
cycles based upon the principle, such as the well-known Kalina cycle, to achieve their high 
overall efficiency (Hundy 2004). 
 
The use of working fluid mixtures in this way is one method of „temperature matching‟ the 
cycle to a finite (and therefore changing) temperature source.  There has been much analysis 
into the relative merits of a various number of proposals based on this principle (Iqbal et al. 
1976; Pitanga Marques da Silva 1989; Saulson & Rosenblatt 1989; Smith & Pitanga Marques 
da Silva 1994; Ibrahim & Klein 1996; Hasan et al 2002; Vijayaraghavan & Goswami 2003; 
Tamm et al. 2004; Sadrameli & Goswami 2007) although all of them have examined source 
temperatures above 100°C.  It is useful, however, to examine the merits of at least one such 
system in the interests of applying the technology to sources below 80°C. 
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3.8 The Kalina Cycle 
The Kalina cycle (Kalina 1984) is a relatively new cycle being explored and the purchase of 
exclusive licensing rights for Australia and New Zealand by Geodynamics is a measure of its 
perceived potential (Birch 2003).  Most work in the field has been done for optimising 
systems with source temperatures well above 150°C and the improvements often come at the 
price of frightening complexity (such as the Kalina cycle).  For low-grade sources, the 
maximum achievable efficiency is small and if an engine is to be viable, it must come close to 
its ideal efficiency.   
 
In one analysis the standard Kalina cycle arrangement is claimed to achieve a net plant 
thermal efficiency of 58.8% which is more than 2% better than the best Rankine cycle system 
(Smith et al. 1996).  The Kalina cycle achieves its higher level of efficiency by utilising the 
phenomena occurring in single and two phase heat flow when using pure and mixed fluids, 
originally developed for ammonia based refrigeration systems.  The cycle uses a mixture of 
water and ammonia as the working fluid that has its proportions varied during the different 
stages of the process.  It is used to exploit the fact that the boiling point of any mixture is 
dependent on the ratio of the constituents in the mix and that this ratio can be altered during a 
change of phase.  As can be seen from the simplified schematic in Figure 3.11, the penalty for 
designing such a system is the very high level of complexity of the power plant (see Figure 
3.11).  As electricity costs are a combination of capital, operating and other lifecycle costs, the 
increased efficiency may be outweighed by the increased capital costs and this is the 
challenge for the emerging Kalina cycle.   
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The developments upon which the Kalina cycle is based could not have been developed using 
the traditional methods for modelling the behaviour of heat engines, their heat sources and 
sinks.  The analyses of the Kalina cycle show that there is much potential in challenging the 
classic methods to achieve something they would render impossible.  It is this extension of 
classical heat engine thermodynamics that is explored now. 
 
3.9 Beyond the Carnot Cycle – As a Benchmark and not a Goal 
The seminal work on heat engine cycle theory was devised by Carnot in the 19th century.  It 
is still thought of in classical thermodynamics as the benchmark for the ideal cycle, having the 
highest possible cycle efficiency.  Curzon and Ahlborn (1975) started to question the 
universal application of Carnot‟s principles with a time-based analysis of the cycle.  Others 
studying the limitations of applying this theory to empirically observed phenomena conducted 
their own research into the application of Carnot‟s work and concluded that it holds true only 
for certain cases (Smith 1992; Wicks 1996; Wang 1998).  However Annamalai and Puri 
Figure 3.11 - Schematic of a simplified Kalina cycle (Wall 
et al. 1989). 
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(2002) found that Carnot‟s second corollary stating that „all reversible power cycles with any 
medium of fluid operating between the same thermal reservoirs must have the same thermal 
efficiencies‟ is sound.  The modern treatments used by Lee & Kim (1992) and later Wang 
(1998) showing that Carnot‟s principle of maximizing efficiency by maximizing the highest 
temperature of the working fluid (and the temperature differential across the power extracting 
device) also has not been faulted.  The cycle was devised modelling the heat source and sink 
as being infinite and therefore inexhaustible and unchanging.  The vastness of the atmosphere 
means that it may be closely approximated to an infinite heat sink, but this is not the case for a 
vast range of sources.  Condensing vapours may be modelled as a constant temperature/heat 
source, but those such as waste flue gases or Australia‟s low-enthalpy geothermal bore water 
cannot.  These sources of heat drop progressively in temperature as the heat is removed and so 
this „real life‟ modelling of the source stream has led to further developments in the modelling 
of heat engine sources and sinks. 
 
3.10 The Trilateral Flash Cycle and Temperature Matching 
Liangguang et al. (1989) describe the work by Austin et al. in 1973 as the first work on a 
novel cycle they called the „Total Flow‟ concept for increasing the overall efficiency of 
geothermal power plants.  A 1988 research Project Summary (K S Energy Systems 1988) and 
the works of Liangguang (1989) and Ling & Deng (1989) examine the feasibility and 
performance of the recent cycle innovation.  Smith independently developed the concept for 
recovering power from low-grade heat sources in 1981 (Smith 1993, p. 185) and later 
published extensive works examining the cycle.  The principle of the Total Flow Cycle or 
Trilateral Flash Cycle (TFC) (Smith 1992; Smith 1993) was devised to avoid the energy 
wastage that occurs during the normal flashing of geothermal water-dominated resources (low 
temperature) to get steam for driving conventional turbines.  The thermodynamic advantage 
of the TFC is the use of heated water to pass through the expander thus requiring no forced 
reduction in pressure (to create vapour from the liquid) before power is extracted in the 
expander.  The thermal efficiency (as defined in section 3.2) for the TFC is lower than that for 
both the Carnot and Rankine cycles given the same source and sink temperatures.  In contrast, 
the ability to extract and convert the thermal energy (of the source) to mechanical energy is 
greater for the TFC than either of the other two cycles and is quantified in section 3.12.  This 
is because, when the heat source is finite, the ability of a single TFC to extract sensible heat is 
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superior to that of the single Carnot cycle.  For a heat engine to replicate the TFC using a 
Carnot cycle, a series of cascading Carnot cycles with boilers at progressively lower 
temperatures would be required (Smith 1993; Smith 1999; Smith n.d., p. 11).  Ibrahim & 
Klein (1995), when examining this in their work, called it the „Maximum Power‟ cycle based 
on their conclusion that these cascading cycles could provide the maximum power possible. 
 
Such a system is obviously tremendously complex and thus machinery and maintenance much 
more expensive.  The work done by Smith on the TFC aims to more simply match the heat 
engine cycle to the heat source (Smith 1992) with an uncomplicated engine.  Figure 3.12 
illustrates such matching.  The TFC also has an important application where there is a 
requirement to reduce the source steam temperature prior to its ejection in addition to the 
production of power. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 3.12 - Temperature distribution graphs for infinite area heat exchange in the heat supply 
of (a) infinite source Carnot cycle, (b) finite source Carnot cycle and (c) sensible transfer as in the 
TFC for fluids with an equal product of mass flow rate and specific heat. 
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„Temperature matching‟ two fluid streams is not novel and has been used to improve a 
number of thermal transfer processes.  In heat engine theory and practice, temperature 
matching can be used to increase the heat extraction from a source or to improve the 
efficiency of a cycle or both.  The theoretical efficiency of any heat engine cycle is dependent 
upon the temperature of the working fluid as it enters the expander (after heat is added) and 
after it has left the expander (this being the condensing temperature).  The theoretical 
efficiency is a function of the temperature difference of the working fluid and so the 
maximum achievable is sought.  As already discussed, the work done by Alex Kalina is based 
on this principle and is now known as the Kalina cycle.   
 
The maximum temperature a working fluid can achieve is identical to that of the source when 
a perfect heat exchanger is used in counter-flow and it is this maximum temperature that 
Kalina sought to use.  Under stable pressure a pure fluid boils at a constant temperature and so 
it is not possible to have a high working fluid boiling temperature (to maximise cycle 
efficiency) when extracting heat from a finite flow rate sensible source.  This is illustrated by 
Figure 3.12b in which the hottest temperature that the working fluid can achieve is that of the 
leaving source temperature (as opposed to the hotter entry temperature).  Kalina devised 
complex machinery and a mixture of working fluids to get around this constraint so that 
boiling occurs while the temperature of the blend is rising (known as the “glide” of a non-
azeotropic fluid).  In comparison, the TFC achieves the same end with much less complexity.  
It uses only sensible heat transfer and this allows the temperature of the working fluid to 
obtain the maximum achievable while having acceptable heat flow.  Figure 3.13 shows the 
„temperature matching‟ achievable by a TFC for finite area heat exchangers. 
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3.11 Efficiency of the Carnot and Trilateral Flash Cycles 
Heat transfer quantities can be calculated for any heat engine cycle using Clausius‟ 
mathematical definition of entropy.  This is shown here as Equation 1 (Çengel and Boles 
2002).  The heat absorbed, rejected and the net energy converted to work in the cycle can be 
calculated by plotting the cycle on a temperature-entropy diagram and examining the area 
under the cyclic process path. 
 
Figure 3.13 - Temperature distribution graphs for finite area heat exchange in the heat supply 
of (a) infinite source Carnot cycle, (b) finite source Carnot cycle and (c) sensible transfer as in 
the TFC for fluids of equal product of mass flow rate and specific heat. 
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3.11.1 Carnot Cycle Efficiency 
Mathematically, the simple definition of the Carnot cycle efficiency can be derived 
graphically from Figure 3.14.  The internal processes in the cycle are usually modelled thus: 
isobaric heating of the working fluid; isentropic expansion; isobaric cooling and finally 
isentropic pumping to complete the cycle.  The efficiency of the cycle can be calculated from 
the maximum energy available for conversion (total energy absorbed) and that which is 
actually converted to useful work (net energy converted). 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The relationship is used: 
 
 
where  T is the absolute temperature  
  s is the entropy. 
 
This can be visualized by the areas of the rectangles in Figure 3.14, the Carnot cycle can then 
be derived: 
 
 
 
 
 
Figure 3.14 - Temperature vs. entropy diagram for 
the Carnot cycle. 
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3.11.2 Trilateral Flash Cycle Efficiency 
Figure 3.15 illustrates the TFC in which the working fluid (passing through the heat 
exchanger) takes heat from the source at constant pressure starting at temperature T2 up to the 
point of saturation at T1.  During the expansion phase (ideally being isentropic) work is 
extracted from the heated, saturated liquid in the expander and the temperature of the fluid 
drops back to T2.  The resultant mixture of liquid and vapour is then passed through the 
condenser in which the vapour is condensed back to liquid and the then wholly liquid working 
fluid is cooled at a low pressure.  The cycle is completed when this liquid is circulated back to 
the heater using a fluid pump.  In order to simplify the calculations for the TFC, the 
compression phase associated with the pump (this being negligible in comparison to the other 
processes) has been neglected in the equations.   
 
 
 
 
 
 
 
 
 
 
 
 
Using the same graphic analysis for the ideal Trilateral Flash Cycle as used for the Carnot 
cycle previously and neglecting the feed pump work and thus saying heating occurs from T2, 
(i.e. giving a triangular shape on the T-s diagram): 
 
 
 
 
 
 
 
Figure 3.15 - Temperature vs. entropy diagram 
for the trilateral flash cycle. 
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Equations 2 and 4 show that the cycle efficiency of the TFC is less than that of the Carnot 
cycle for the same evaporator and condenser conditions.  Classical thermodynamic treatments, 
as well as more modern ones, have demonstrated that the original contention of Carnot 
concerning his cycle efficiency still holds true in principle (Wang 1998).  This is different 
from, however, the overall conversion efficiency that accounts for the amount of heat drawn 
from the source as well as the efficiency of converting that energy (analogous to the power 
output of a car engine, being a product of not only the engine‟s efficiency but also the amount 
of fuel fed to it).  Attempts have been made to bring other cycles into line with the Carnot 
cycle instead of recognising that this is impractical and may prove impossible.  Instead, the 
energy conversion process from thermal to mechanical must be examined and solutions 
proposed examining the processes as a whole. 
 
3.12 Heat Transfer and Overall Energy Conversion 
The definition of a binary type heat engine (those examined) is that the working fluid is not 
the heat source fluid and so the heat energy must be transferred from one fluid to another 
through heat exchangers.  One common method for analysing heat transfer is to calculate the 
measure called the „effectiveness‟ (ε) of the heat exchanger.  This technique compares the 
heat transfer achieved under the actual operating conditions, with that of the ideal infinite area 
counter-flow heat exchanger subject to the same flow and inlet conditions.  The comparison 
allows the calculation of a corresponding effectiveness coefficient, simply defined as the ratio 
of the actual heat transferred to the maximum possible heat transferred and is thus: 
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where   is the heat transfer rate 
  m˙  is the mass flow rate 
  CP  is the specific heat at constant pressure. 
 
For these calculations,  is calculated using the non-dimensional Number of Transfer Units 
(NTU) thus: 
 
 
 
 
where  R is the thermal resistance of the heat exchanger. 
 
3.12.1 Carnot Cycle 
The same equation is used to calculate the NTU value for the Carnot and TFC cycles.  The 
equations for effectiveness, however, differ due to the working fluid evaporating isothermally 
in the Carnot cycle as opposed to the sensible transfer in the TFC.  The heat transfer for the 
Carnot cycle, looking at the high temperature side, can be calculated thus: 
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Combining the equations for overall conversion (the value of heat transferred to the working 
fluid and the efficiency of the cycle in converting it to mechanical work) the equation 
becomes: 
 
 
 
 
 
where T1 is the temperature of the working fluid in the evaporator.  The case of infinitesimal 
thermal resistance in the heat exchanger is shown in Figure 3.12(b).  This setup dictates that 
the source outlet temperature (Tso) be the same temperature as the highest working fluid 
temperature (TWFI or T1) as shown.  In contrast to this, a finite resistance heat exchanger setup 
is shown in Figure 3.13(b).  By examining the case of infinitesimal resistance (R=0), the rate 
of heat converted to work is: 
 
 
 
 
Equation 11 gives the work output for the Carnot cycle in terms of the fluid and heat 
exchanger properties, entry temperature of the source as well as the temperature of 
evaporation and condensation.  The source entry temperature is fixed and, for a given 
achievable condensing temperature, the evaporator temperature can be varied to achieve the 
maximum overall energy conversion for the system.  In order to find a relationship between 
the temperatures at which the conversion of heat into useful work is at a maximum, the 
turning point of the work curve can be found with respect to T1: 
 
 
 
As a case study, the temperatures from the geothermal bore in Portland have been used.  
Substituting into the equation the appropriate bore temperature of 331K, (58C) and 
atmospheric condenser temperature (T2) of 298K (25C): 
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When modelled as a finite heat source, the optimal temperature for the evaporator in the 
Carnot cycle heat engine would be 314K (41C) for maximum energy conversion of the 
Portland water resource.  Substituting this temperature into Equation 2 to obtain the cycle 
efficiency: 
 
 
 
An appropriate bore water flow rate could be considered from the fact that in Portland, the 
Henty Park Bore has 68 of the 90 litres that flow per second routed through the district 
heating system.  If the 22 ls
-1
 of the flow not circulated for heat is used for powering the TFC 
engine, this water has a density of approximately 984.3 kgm
-3
 and would hence stream 21.65 
kgs
-1
 through the engine.  The heat transfer is modelled using infinitesimally small resistance 
(for illustration purposes) and so TSO = T1.  A value for the specific heat of water at constant 
pressure, Cp = 4.19 kJ/kg K, can be used to calculate the heat input as well as the net work 
output of the Carnot engine: 
 
 
 
 
 
This shows that the maximum work that can be extracted from this heat source and converted 
to work using a Carnot cycle is 78.6 kW. 
 
3.12.2 Trilateral Flash Cycle 
In analysing the amount of heat transferred from the source to the working fluid in the TFC 
using this method, the NTU equation is the same as that for the Carnot cycle (Equation 6) but 
the effectiveness equation is different.  This is due to dissimilar temperature distributions in 
the heat exchangers between the two cycles and so the equations differ.  For sensible heat 
transfer in counter flow (and the condition that the mass flow rate multiplied by the specific 
heat of the source is equal to that of the working fluid which is shown in Figure 3.12(c)), the 
effectiveness is: 
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The general equation for heat flow rate using effectiveness (ε), shown below, is that used for 
the Carnot cycle and can be validly used for the TFC here with the appropriate form of the 
effectiveness/NTU equation.  The rate of heat transfer would then be: 
 
 
 
 
 
 
 
 
Heat exchanger analysis principles dictate that for a system with no losses to the atmosphere, 
the heat taken from the source must be transferred to the working fluid (conservation of 
energy).  In the modelling for this study it can be seen that the product of the mass flow rate 
and the specific heat for the source and working fluids are equal, therefore: 
 
 
 
 
 
Equating the above to the heat transfer rate found using the effectiveness analysis it can be 
found that: 
 
 
 
 
The preceding equation can be rearranged to isolate the working fluid outlet temperature so 
that the optimal may be sought: 
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Using the same data for the Portland resource as used for the Carnot cycle analysis (m˙ = 21.65 
kgs
-1
, Cp = 4.19 kJ/kg K, TSI = 331K and TWFI = 298), and the same heat exchanger 
properties: 
 
 
 
This shows that the infinitesimally small resistance in the heat exchanger allows the source 
and working fluids to effectively „swap‟ temperatures, as expected.  With the working fluid 
reaching the source inlet temperature, the efficiency of the TFC will be the highest possible 
for the modelled source and sink temperatures.  Reaching this temperature also means that all 
of the heat energy that potentially could be transferred is extracted from the source stream and 
actually transferred.  As this is the optimal outcome for both the heat extraction and 
conversion of heat energy to work output, the optimal product of the two has been achieved. 
 
With the top cycle temperature now calculated, the cycle efficiency can now be established. 
 
 
 
 
The TFC has achieved a theoretical efficiency of 5.25% and has surpassed the efficiency of 
the single Carnot cycle (5.12%) for the conditions modelled (finite heat source and the set 
inlet temperatures).  This shows that the sensible heat transfer allows the TFC heat engine to 
use heating and condensing temperatures that give a higher efficiency than even a single 
Carnot engine under the modelling conditions of a sensible, realistic and therefore finite heat 
source.  Applying Equation 19 with the computed cycle temperatures: 
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Just under three megawatts of heat is processed using the TFC being approximately double 
the heat transfer achieved by the single Carnot cycle (1.54 MW).  Applying the efficiency 
factor to the recovery of heat from the source:  
 
 
 
The theoretical overall conversion of 157 kW of heat to work for the TFC is approximately 
double that for the single Carnot cycle (78.6kW).  Although component inefficiencies and 
other losses prevent this ideal TFC from ever being fully realised, it is nonetheless an 
enlightening figure.  Also revealing is that the cooling towers at Portland currently used to 
cool the ground water would consume approximately 14 kW to achieve the same result as the 
theoretical heat engine and cool this portion of the water from 59 to 25C (P Arkell, 2003, 
pers. comm., 17 Sept.). 
 
3.13 Rationale for this Research 
The opening chapter of this thesis sets out environmental need for increasing energy 
efficiency and the development of renewable energy sources.  The second chapter has 
demonstrated the great abundance of LGH as an energy source and shows the vast amount 
being wasted to atmosphere by industry.  The preceding sections of this chapter have explored 
methods for converting some of this energy into electricity by various traditional and more 
recent approaches to heat engine development.  The application of the Trilateral Flash Cycle 
to LGH sources (such as that at Portland) shows great potential as shown by the NTU analysis 
performed and presented in this document.   
 
It can be seen from the available literature that little of the research into power production 
from LGH is in relation to conversion of sources less than 80°C.  This is mainly due to the 
very low achievable ideal efficiencies that limit the ability of the devices to reach cost parity 
even with other sustainably sourced electricity.  To address this gap in available, 
commercially viable technology, RMIT embarked upon the Thermosyphon Rankine Engine 
(TSR) and the Trilateral Flash Cycle (TFC) projects.   
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This research will trial, analyse and compare prototype heat engines building directly upon 
previous research efforts at RMIT.  The succeeding chapters will firstly describe the previous 
work done by RMIT on the development of a Thermosyphon Rankine Engine and then detail 
the further research done on the TSR for this report.  The results of the application of the TSR 
to LGH will then be looked at in isolation. 
 
The historical work done in parallel to the TSR project on the RMIT TFC project will then be 
examined.  After the historical background has been briefly provided, a description of the 
experimental apparatus used to trial the TFC heat engine using sources below 80°C will be 
detailed.  The outcomes of the testing and their significance are presented for the TFC rig, 
again in isolation.  The final section will look at the comparative merits of the two competing 
systems in order to gain further insight into their possible future application and improvement.
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4 RMIT LOW-TEMPERATURE HEAT ENGINES 
There have been two main ongoing projects at RMIT aimed at the conversion of LGH into 
energy being the Thermosyphon Rankine engine (TSR) project and the TFC project.  The next 
three chapters are concerned with one of these two parallel investigations conducted at RMIT 
into the conversion of LGH into electricity namely the TSR project.  A brief discussion of the 
results of the first four TSR prototypes is described in this chapter to give the historical basis 
of the project.  Chapter 5 then details the TSR experimental apparatus used for this 
investigation before the empirical results are examined in Chapter 6.  The focus of this work 
will then shift to the examination of the RMIT TFC project in the same manner by providing 
the history, experimental apparatus and the results. 
4.1 Inception of the RMIT Heat Engine Project 
RMIT‟s work developing a heat pipe turbine started around 1990 with the granting of a patent 
to Technisearch Ltd on behalf of the inventors Akbarzadeh, Johnson and Gibson.  The device 
was described as the Thermosyphon (later dubbed the Thermosyphon Rankine engine and has 
the purpose of producing electricity (Akbarzadeh, Johnson & Gibson 1990).  The invention 
(shown in Figure 4.1) is based on the configuration of a standard gravity assisted heat pipe (1) 
but differs by incorporating a separator plate (5) between the adiabatic section (B) and 
condenser sections (C) to enable a significant pressure differential to be generated.  Heat is 
transferred into the evaporator section (A) of the heat pipe from an external source and boils 
the working fluid (2).  The high pressure, high temperature vapour is then channelled into the 
condenser section through an aperture (7) in the separation plate, before a turbine (13) which 
in turn drives an electrical generator (15).  The low-pressure, high-temperature vapour is then 
condensed (by shedding heat to a heat sink) before entering the collector (9) and returning via 
a pipe (11) to the evaporator section and thus creating a cycle 
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 Analysis of this heat pipe turbine concept showed its performance to be promising, as is 
illustrated by the achievement of efficiencies of up to 15% in a similar device (Pryputniewicz 
& Haapala 1982).  The simplicity of the TSR, essentially just a shell containing fluid and one 
moving part, means a reduction not only in capital costs but maintenance costs as well.  
Chuah & Kreith (1985) after analysing another heat pipe turbine design concluded that the 
cost $/kWh reduction as a consequence of its simplicity may see the widespread use of small-
scale units.  The parasitic load of the pump in a standard Rankine Cycle Heat Engine (RCHE) 
is absent in a TSR, as the head developed in the condensate return tube provides the return 
pressure required and thus eliminates the need for a pump. 
  
 
Figure 4.1 - Schematic diagram of the 
Thermosyphon Rankine Engine (Akbarzadeh et 
al 1990). 
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4.2 TSR Mk I 
The initial rig built at RMIT in approximately 1994 was housed in a vertically oriented, 
sealable copper tube measuring 2.9m tall with a 0.16m external diameter (Nguyen 1995).  The 
combined length of the evaporator and adiabatic sections measured 2.0m (at rest, the working 
fluid level was 0.5m) while the condenser section measured 0.9m long.  To provide a heat 
source and sink for the heat pipe, the evaporator was placed in a water bath with an electrical 
heating element and the condenser was jacketed so that cold water entered, traversed the 
annular space, then was exhausted.  An axial-vane, impulse vapour turbine was employed to 
exploit the pressure difference (and therefore vapour flow) in the upper end of the TSR (see 
Figure 4.2).  This was placed between the adiabatic and the condenser sections.  The turbine 
set-up comprised two convergent-divergent nozzles and a 0.12m diameter, 12-blade rotor 
designed for the very low vapour flow rate of 0.211 mgs
-1
.  A 12VDC electrical generator was 
coupled above the turbine, inside the heat pipe, to convert the mechanical energy to electrical.  
A condensate return annulus was placed around the turbine blades to collect and channel the 
liquid working fluid from the condenser back to the evaporator section.  This was done by a 
vertical plastic pipe, with the evaporator end submerged to provide a water lock that prevents 
the vapour bypassing the turbine and returning directly to the condenser. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 Figure 4.2 - TSR Mk I rotor configuration 
(Nguyen 1995, p. 75). 
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During testing, using water as the working fluid, the first TSR ran with an evaporating 
temperature of 60º and condensing temperature of 30ºC (operating under vacuum conditions).  
Producing a very modest electrical output, the turbine rotated at speeds between 600 and 800 
rpm.  A hydrostatic head of 1.7m (of the 2.0m possible) was recorded which displays that 
85% of the maximum pressure difference for the unit was achieved.  This initial design 
proved the concept of the TSR to be technically viable and also highlighted areas for 
improvement. 
 
4.3 TSR Mk II 
The second TSR was redesigned to accommodate a higher mass flow rate (2000 times the 
previous setup) by increasing the nozzle size and improving the turbine blade profiles 
(Nguyen 1995).  A transparent section was installed between the adiabatic and condenser 
sections to allow for the examination of the vapour flow through the turbine and the return of 
the condensate.  The sections of the evaporator, adiabatic portion, and condenser were reused.  
The unit was wired with a series of temperature probes to facilitate auditing the heat transfer 
processes and the overall conversion efficiency of the device.  The second prototype TSR is 
shown in Figure 4.3. 
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It was observed from the experimental results that the second prototype had a relatively large 
temperature difference between the heat source fluid and the working fluid in the evaporator 
(15°C) indicating a reasonably high thermal resistance there.  Despite this handicap, the unit 
was able to achieve a 2kW heat transfer rate, with 9.0% of this being lost in transport across 
the heat pipe.  The turbine generated power over a speed range of approximately 1750 to 3350 
rpm and had a maximum electrical output of 0.35W at 2540 rpm.  Although this represents an 
overall efficiency of 0.175%, it showed progress in the development of the TSR with the 
higher rotational speeds obtained and a measurable production of electricity. 
 
Figure 4.3 - TSR Mk II experimental rig (Nguyen 1995, p. 85). 
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4.4 TSR Mk III 
The third RMIT TSR (Mk III) was designed to improve the overall efficiency of the heat pipe 
turbine while also reducing production costs.  The closed vertical cylinder (3.15m) had an 
external diameter of 0.16m and heights of 0.5m, 1.7m and 0.9m for the evaporator, adiabatic 
and condenser sections respectively.  It is detailed in Nguyen (1995) as well as Nguyen et al. 
(1995).  With both of these efficiency and cost aims in mind, the impulse turbine design was 
abandoned in favour of a reaction turbine manufactured from two sandwiched plates, 0.12m 
in diameter, with an internal cavity.  The vapour was funnelled through a central opening in 
the separation plate from the adiabatic section and into an axial hole in the rotor via a seal.  
Cut into the circumference were two rectangular, convergent-divergent nozzles designed to 
direct 0.52 kgs
-1
 of vapour tangentially, thus creating a reaction torque.  The electrical 
generator was again mounted to the turbine directly above.  A picture of the third prototype 
TSR is presented in Figure 4.4.   
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 4.4 - TSR Mk III experimental apparatus (Nguyen 1995, p. 95). 
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The results produced from the third TSR were at first erratic but further development of the 
condensate return system saw the machine able to achieve steady-state, repeatable results.  
The thermal resistance of the evaporator was lowered and consequently an improved 
temperature difference between the heat source fluid and working fluid in the evaporator of 
5.6°C was recorded.  An increased heat transfer rate of 4.4 kW was calculated for the 
evaporator.  The maximum turbine speed increased to approximately 5600 rpm and a peak 
electrical output of 5.5W was obtained at around 4800 rpm.  It can be seen from the results 
that the design aims of the rotor in third TSR had been met in terms of increased heat input, 
simplicity, lack of expense and higher achievable rotational speeds.  The overall conversion 
efficiency of the third TSR, however, was actually less than the second prototype at 0.125%. 
 
4.5 TSR Mk IV 
The fourth prototype (Mk IV) (Nguyen, 1995 and Akbarzadeh et al. 2001) was again a revised 
design and this time it was made from transparent acrylic to allow visual inspection of all of 
the heat pipe‟s operation.  The evaporator section measured 0.5m (this being the fluid level in 
the thermosyphon), the adiabatic 1.7m and the condenser section (that houses the turbine and 
generator) measured 0.7m in length.  It was decided to set the inside diameter at 0.5m in order 
to lower the rotational speed of the rotor whilst retaining the possibility of increasing the 
power output (due to increased torque).  The speed reduction would also serve to lessen 
aerodynamic losses and vibration problems that had lead to the damaging of the separation-
plate-to-rotor seal in the last design.  An alternate sealing system was chosen for the new rotor 
to improve on this problem in the TSR Mk III.   
 
In order to meet the 10kW heat transfer rate, while keeping the size manageable, new methods 
of heat transfer were needed for the TSR Mk IV.  It was decided this could be done by 
inserting the heat transfer surface within the evaporator and so coils of tubing were placed in 
this section to channel externally heated water to heat the working fluid.  The same treatment 
was given to the condenser section for the cooling water.  Maximisation of heat transfer to the 
working fluid was sought, and so an investigation was performed into improving the heat 
transfer surfaces with the application of a coating.  A proprietary product (THERMOEXCEL-
C) was chosen and installed because of its superiority to more universally produced uncoated 
products (Nguyen 1995).  The product used is manufactured to provide „integral roughness‟ to 
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enhance nucleation sites and to improve vapour channelling.  The working fluid used was 
water. 
 
Design parameters for a heat source of 55°C and sink of 25°C were chosen for the new rig as 
they reasonably mirror the hydro-dominated geothermal resource of Portland Victoria.  The 
new, lower speed turbine had its mass flow tailored with regard to the latent heat of 
vaporisation of the working fluid at the expected supply heat transfer rate.  The nozzle sizes 
were generated by computer simulation of the TSR thermodynamic cycle and then cut into 
one of the new rotor‟s sandwich plates.  In order to reduce the expected imbalance problems, 
it was decided to locate the turbine on its axis with bearings above and below the rotor.  The 
lower spigot has a funnel that channels the vapour through the separation plate and on its 
outer surface is a bearing that locates it to that plate.  Around the rotor a type of cage was 
fashioned to house the upper locating bearing for the turbine shaft without impeding the 
movement of gasses to the condensing coils.  The generator was fixed to the cage for support 
and coupled to the turbine shaft.  The fourth TSR prototype is pictured in Figure 4.5. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 4.5 - TSR Mk IV experimental rig (Nguyen 1995, p. 123). 
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The fourth TSR was tested and produced electricity at various evaporator temperatures from 
44°C to 55°C (all condensing 19-20°C).  Tests were conducted to gather data that would 
allow for a range of heat source temperatures and varying heat exchanger effectiveness 
(which could allow cheaper heat exchangers).  Of the anticipated 10 kW heat rejection in the 
condenser, only 6.7 kW of the heat was taken into the cooling water circuit.  The acrylic 
construction of the TSR and its metal end caps were thought to be causing the thermal losses.  
Although the Carnot efficiencies start at 7.3%, (for 42°C evaporator temperature) and climb 
to 10.7% (for the 55°C run), the overall efficiencies achieved display a much greater spread.  
The overall conversion achieved was 0.2% for the 42°C run and up to 0.81% for the 55°C 
evaporator temperature, showing significantly higher overall conversion efficiencies in this 
region (efficiency quadrupled).  It is impossible to consider separately the effect of the rotor 
and the generator in this setup.  Using data from an earlier investigation into the operating 
characteristics of the Maxon DC generator, indications are that the majority of the 
improvement in overall conversion efficiency can be contributed to the generator running in 
its preferred speed band.  The minority of the overall efficiency increase would seem to be 
contributed from the increase in the turbine‟s isentropic efficiency during the higher 
temperature runs.  Nonetheless, a more than 6 fold increase on the overall conversion 
efficiency gained by the fourth TSR over the third was the most significant improvement 
achieved and showed further potential.   
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5 THE TSR MK V EXPERIMENTAL APPARATUS  
The fifth TSR was primarily designed by Frank Theurer (1996) and Professor Aliakbar 
Akbarzadeh (Akbarzadeh et al. 2001) for development as a robust prototype for possible trial 
installation at Portland.  The unit was designed to process 100kW of heat energy using a heat 
source temperature of up to 60°C, sink at 25°C and a working fluid of water.  Under these 
conditions, the heat pipe turbine must be under considerable vacuum and hence a thick walled 
pressure vessel is required (5mm thickness used here).  A design height of 3.5m was selected 
as a reasonable compromise between a higher achievable operating pressure ratio and a cost 
effective and manageable height.  It is this prototype unit that the author has tested for this 
research thesis 
 
5.1 Original Design and Manufacturer of the TSR Mk V 
 
5.1.1 The Vacuum Chamber 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 5.1 - TSR Mk V vacuum chamber (Theurer 1996, p. 33). 
steam 
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The vacuum chamber (a schematic is shown in Figure 5.1) was designed for trial operation 
with saturated water vapour as low as 40°C, requiring a vacuum of 94kPa (Rogers and 
Mayhew 1995).  To be able to test over a wider range of conditions, and as an in-built factor 
of safety, the TSR was designed to operate at a maximum vacuum of 99kPa.  Theurer (1989) 
used the Unfired Pressure Vessel Code 1989 to determine a minimum wall thickness of 5mm 
and, in the light of the size and weight of the mild steel construction, selected appropriate 
flanges to allow the thermosyphon to be constructed in three pieces.   
 
Viewing and access ports were also included to allow for monitoring and instrumentation (see 
Figure 5.2).  A vertical graduated clear tube is attached externally to the evaporator and 
condenser sections to measure the pressure differential between them.  The entry of this tube 
into the evaporator section has been placed below the waterline so the pressure raises a 
column of liquid, the head of which represents the pressure differential of the thermosyphon 
during operation.  This liquid level is also the level of the condensate contained within the 
twin 50mm internal return tubes and external monitoring of this height allows the prevention 
of the thermosyphon evaporator being over-pressurised.  When over-pressurised, the boiling 
evaporator water is fed directly into the condenser and bypasses the turbine, thus flooding the 
condenser and impeding operation of the rotor. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Chapter 5 
 64 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Vacuum is applied to the top of the condenser using a venturi or ejector vacuum pump.  The 
use of a pump of this type enables vacuum to be applied during operation for the removal of 
any accumulated non-condensable gases.  Such gases can damage a conventional pump as the 
non-condensable gases are entrained with the wet vapour of the working fluid.  Within the 
thermosyphon these non-condensable gases can form a boundary layer over the heating and 
condensing coils and thus lower the heat exchange rate.  They also contribute their (partial) 
pressure to the overall pressure in the condenser, as a consequence raising it, and thereby 
lowering the output of the turbine.  An analysis of the detrimental effects upon the operation 
of a loop thermosyphon has made by Dube (2003) and this quantifies the phenomenon.  The 
maximum vacuum achievable by the unit is 100.8kPa, as stated by the manufacturer, but 
ultimately the achievable vacuum pressure is dependant upon the temperature of the 
environment of the thermosyphon.   
 
Figure 5.2 - Picture of the TSR Mk V vacuum vessel as tested. 
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In line with the flange that joins the condenser section to the adiabatic section is the 
separation plate made from 15mm thick mild steel and approximately 994mm in diameter.  
The outside circumference originally had a radial-lip seal but this failing seal was abandoned 
in favour of a bead of flexible silicon based sealant.  In this way the seal was made more 
reliable and as a testament to the strength of the seal, it was able to statically hold nearly 300 
kilograms after three weeks of service.  In the centre of the separation plate is a 143mm 
diameter orifice needed to channel the flow of vapour to the turbine.  Added to the hole is a 
concentric insert that is used to locate the radial-lip seal that prevents vapour bypassing the 
rotor‟s hub and passing directly to the condenser.  The internal diameter of the hub (and seal) 
is 103mm.  The turbine and generator are located on the separation plate by means of a mild 
steel frame.   
 
5.1.2 Reaction Turbine 
The turbine was developed by Theurer (1996) and Akbarzadeh and his colleagues (2001) with 
easy manufacture in mind, and therefore as a cost effective (per kilowatt hour), electrical 
generation unit.  The design diameter of one metre was retained as a reasonable balance 
between the higher torque of a larger diameter and the high rotor speed of a small diameter.  
The problem of imbalance is also important for such design decisions, as the imbalance forces 
increase proportionally with the rotor diameter, and proportionally to the square of the 
rotational speed.  The rotor is based on the Hero reaction turbine principle and was made as 
economically as practicable by using readily available rectangular hollow section (RHS) and 
steel piping for the rotor arms and hub respectively.  The rotor arms were principally made 
from one piece of RHS aluminium, fixed within the hub by screws, and with a central opening 
oriented downwards to accept the stream of vapour.  RHS measuring 50.8mm x 63.5mm with 
a wall thickness of 3.18mm was selected for the rotor to cope with the centrifugal forces at a 
peak speed of 3000rpm (Theurer 1997) with the specially manufactured rotor heads attached.  
A schematic representation is presented in Figure 5.3. 
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The hub was made by capping (at one end) a pipe of 127mm outside diameter and a 3.5 mm 
wall thickness and machining two slots at two opposing points on the diameter to accept the 
arms (see Figure 5.4).  The open end of the hub has a machined surface (internally) upon 
which runs the lip of the v-ring seal and this allows operation with reduced friction and wear.  
The seal is located below the separation plate.  In the upper end of the rotor hub is what is 
effectively a clamping chuck used to locate the rotor and hub assembly onto the shaft of the 
alternator, itself located on a bracing plate above it.  An off-the-shelf 12V 30A alternator was 
coupled to the rotor to provide the electrical output.  The rotor hub and arm setup weighed 
8.317 kg without the alternator or support brackets. 
 
 
 
 
 
 
Figure 5.3 - Schematic of TSR Mk V rotor (Theurer 1996, p. 12). 
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Nguyen (1995) shows equations for calculating the rotor torque for a given thermal input, 
isentropic efficiency, rotor speed and nozzle exit area.  Theurer (1996) used these equations 
(but without regard to the turbine‟s isentropic efficiency or other losses) and generated a table 
of theoretical output power as a function of nozzle exit area for the TSR Mk V and chose a 
design speed of 3000rpm.  This gave an area between 2300 and 2350mm
2
 and a projected 
power output of around 3kW.  The actual manufactured size of the outlet was calculated to be 
2394mm
2
.   
 
Initial testing of the machine by Chae (2001) showed a step backwards for the TSR Mk V 
(when compared to the Mk IV) as the rotor torque and speeds produced insignificant power.  
Chae concluded this was due to an over-sizing of the rotor nozzles and performed another set 
of calculations, this time including more realistic losses, to determine the optimal size.  His 
calculations suggested a reduction in the nozzle area may be advantageous and then trialled 
two sizes: a 50% and 75% reduction.  The nozzles were originally manufactured to Theurer‟s 
design but have since been redesigned to their current configuration.  This design involves 
solid nylon inserts, fashioned to allow for a simple testing regime of a 50% and 75% 
reduction of the nozzle area.  The improvement in the torque output of the rotor was 
significant, consisting of a measured peak electrical output of 114W (62°C evaporator 
temperature) using the 50% reduction inserts.  This electrical output of the TSR equates to a 
mechanical output of approximately 140W (deduced from tests performed on the alternator 
externally to the test rig for this research).  A schematic of the 50% reduction insert and a 
photograph of the 75% reduction insert are shown in Figure 5.5. 
Figure 5.4 - TSR Mk V rotor and supports. 
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5.1.3 Condenser and Evaporator 
The condenser and evaporator are basically copies of the same design.  Both have banks of 
five wound coils with headers forming the inlets and outlets.  Each of the five coils is wound 
in the horizontal plane (i.e. the header is vertical) approximately 11 ½ times to a length of 
18m.  The inlets, outlets and headers are all 50mm OD while the coil tube ODs are 18mm.  
The coils were designed and manufactured with minimal costs in mind and so no heat-transfer 
enhancement was applied.  The enhancement of heat transfer for application to the TSR was 
conducted by Nguyen (1995) and can be viewed in that work.  Pictures of the coils are 
provided in Figure 5.6.  A quantification of the heat transfer of the coils is provided later (see 
Appendix A1). 
 
 
 
 
 
 
 
 
 
 
Figure 5.5 - Schematic of rotor nozzle with 50% reduction insert and photograph of installed 
75% reduction insert (Chae 2001, p.33). 
Figure 5.6 - Pictures of the TSR Mk V condenser coils. 
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5.2 TSR Mk V Development 
The original instruments applied to the TSR Mk V did not provide the range and accuracy of 
measurements required to analyse the operation of the machine for the purposes of this 
research thesis.  The most important information sought by the author in relation to the TSR is 
the thermodynamic operation of the unit, and due to this, the apparatus used to examine these 
processes was revised and upgraded.  The specific objective of this research is to test the 
thermal and mechanical performance of the unit and to explore any deviations from the 
outcomes predicted by the designers of the unit.  In pursuing this information, secondary 
measurements were also taken and used to monitor and asses the various operating conditions 
of the TSR Mk V.  Items such as a tachometer were installed to allow exploration of the 
effects of varying the rotor speed.  The remainder of this chapter describes the modifications 
made by the author to the TSR Mk V and its final „as tested‟ state. 
  
5.2.1 Instrumentation 
Within the evaporator section, T-type thermocouples were placed to measure the working 
fluid temperature at a low point, a mid and a high point.  The temperature of the steam coil at 
the input and exit was measured by taking the outside surface temperature to gain an 
indication of any thermal gradients on the outside surface of the heating coils.  The 
temperature of the outside surface of the TSR was monitored by insulated thermocouples to 
give information about comparative temperatures over the length of the unit.  These 
temperatures were confirmed by an infrared temperature gauge details of which can be found 
in Appendix A10.15.  In the condenser, the surface temperature of the cooling coil was taken, 
as was the temperature of the internal atmosphere at a low, a mid point and high point.  
Externally, the inlet and outlet temperatures of the cooling water were measured as was the 
volume flow rate and it is these measurements that are used for the heat transfer calculations.  
A calibrated pressure gauge (conforming to 1% error under Australian standards) was 
installed and connected to the condenser section for measuring its pressure.  Graduated height 
markings were applied over the tube for precise differential measurements.  The relative 
pressure of the evaporator and adiabatic sections was recorded via the fluid level in the 
external observation tube acting as a water filled manometer.  A schematic of the position of 
the sensors on the TSR is shown in Figure 5.7. 
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Figure 5.7 - Thermocouple placement in the TSR Mk V. 
Thermocouple Description
Thermocouple 
Number
Initial 
Steady State 
Reading
Final 
Steady 
State 
Reading 
Condenser Coil Surface Temperature (°C) 1 21 21
Condenser Atmospheric Temperature (°C) 2 31 31
Condenser Coil Surface Temperature (°C) 3 31 31
Condenser Atmospheric Temperature (°C) 4 31 31
Condenser Coil Header Temperature (°C) 5 29 29
Condenser Coil Header Temperature (°C) 6 23 23
Generator Surface Temperature (°C) 7 32 32
Evaporator Header Temperature (°C) 9 59 59
Evaporator Working Fluid Temperature (°C) 11 58 58
Evaporator Working Fluid Temperature (°C) 14 56 56
Evaporator Header Temperature (°C) 01 57 57
Evaporator Working Fluid Temperature (°C) 02 57 57
Evaporator Coil Surface Temperature (°C) 03 56 56
Condenser Cooling Water Entry Temperature (°C) 04 20 20
Condenser Cooling Water Exit Temperature (°C) 05 29 29
Lower Adiabatic Section Temperature (°C) 06 57 57
Upper Adiabatic Section External Temperature (°C) 07 57 57
Lower Condenser Section External Temperature (°C) 08 34 34
Mid Condenser Section External Temperature (°C) 09 34 34
Upper Condenser Section External Temperature (°C) 010 33 33
Chapter 5 
 71 
A tachometer was installed to measure the rotational speed of the rotor and gain information 
on its performance in relation to its speed.  Initially a reed switch setup was used before a 
more reliable Hall-effect based unit was installed.  After checking the calibration of the low-
speed operation of the tachometer (using the video setup and separately an oscilloscope), 
calibration of the thermocouple output at various temperatures, using external probes was 
undertaken.  Temperatures were confirmed by an infrared temperature gauge for all runs as a 
routine check.  Internal lighting and a black and white camera were placed below the 
condensing coil facing downwards towards the rotor to obtain visual information from the 
internal conditions of the condenser.  A picture of the camera in its pressure-tight enclosure 
can be seen in Figure 5.8.  The heat transfer to the condenser coils can be calculated from the 
inlet and outlet temperatures of the cooling water.  As this is a measurement of great 
significance, matched T-type thermocouples of „special grade‟ were positioned externally to 
accurately measure the rise in the inlet and outlet temperatures.  Details regarding the 
thermocouples can be found in Appendix A10.14. 
 
 
 
5.3 Compliance to Australian Standards 
Due to the redrafting of the Australian standards for pressure vessels such as the TSR, one of 
the first assessments of the TSR Mk V was to apply the new code to the vacuum chamber.  
The test rig does comply with the code and the minimum shell thickness of 5mm was 
confirmed under Australian Pressure Vessel Code (Standards Australia 1997).  This appears 
in Appendix A2.   
 
 
Figure 5.8 - Condenser internal camera and housing. 
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5.4 Condenser Cooling Water Flow Measurement 
As the thermal transfer calculations are based upon the information gained from the condenser 
cooling water, two flow meters (in series) were placed in the cooling water circuit to measure 
the volume flow rate.  The second meter was used as confirmation of the reading from the 
main meter.  The main meter used was an ABB brand, model H4000 Woltmann helical rotary 
vane type meter manufactured to meet Australian class 2 standards for the measurement of 
water flow.  The accuracy reported by the manufacturer is 2% and details can be found in 
Appendix A8.5. 
 
5.5 Turbine Development 
After initial benchmarking of the performance of the TSR using the existing sensors and 
equipment in 2002, a lack of performance of the rotor-powered electrical output was noticed.  
The pressure differential achieved during operation was approximately half of its full 
potential and the electrical output was only approximately 120We.  Auditing of the thermal 
information gained showed a relatively high LMTD temperature of around 15°C.  
Improvement in the heat exchange ability of the condensing system would result in a lower 
steam condensing temperature (dictating a lower condenser pressure) and thus a greater 
pressure differential across the TSR.  During the alterations to the condenser water feeding 
system, further works were carried out to improve the ability to gain information on the rotor 
and other components of the TSR.  These included the previously mentioned improvements to 
the thermal monitoring as well as improvement of the vacuum system and the elimination of 
some manufacturing imperfections, such as those affecting the internal seals.  
 
Early testing of the TSR showed the electrical output of the original 24V bus alternator to be 
too unreliable to be more than indicative of the effects of the modifications to the machine.  A 
picture of the original alternator on top of the rotor with its framework and the separation 
plate appears in Figure 5.9.  All of the signs were present that the thermal performance of the 
TSR rotor had been improved with the initial reworking of the seals to prevent vapour by-
passing the rotor and the lowering of the condenser pinch point (by approximately 7°C).  
Indications of improvements included substantially increased differential pressure readings 
and an audible increase in rotor speed.  The output remained at 120We during initial testing 
and this performance even reduced slightly during repeat testing.  The output of the alternator 
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was remapped in a cradle outside the TSR and a 40% reduction in peak electrical power 
output could be noticed in comparison to the previous tests.  Having established that the 
electrical output for a given alternator speed had reduced by a considerable percentage, it was 
concluded that recording the same reading as the previous run in fact meant an increase in 
mechanical shaft output of up to 40%.  Although it is impossible to guarantee that the 
observed change was not caused by damage to the alternator during its removal from the TSR, 
the most likely explanation for the increased output seems to be the changes to the design.  
The failing of the equipment had dictated the need for a replacement and the original rotor 
design of Theurer (1997) used the bearings of the alternator to locate the rotor in order to 
reduce costs.  During the failure analysis of the original alternator, it had been decided that 
improvement could be made by abandoning the original design in favour of supporting the 
rotor on its own dedicated bearings and using a belt driven design.   
 
 
 
 
 
 
 
 
 
 
 
 
 
This change to a belt driven design allowed for the use of a gearing ratio in order to reduce the 
turbine speed and thus the external aerodynamic losses.  If the effects of friction are 
disregarded, the optimal speed for the rotor was set at 3000 rpm, however this lowered when 
friction is considered.  Using gearing also allows for the variation of motor and gear 
combination to be trialled in order to empirically explore the rotor‟s optimal speed.  In 
addition, the use of dedicated bearings to locate the axial shaft of the rotor allows the 
alternator bearings to work as designed.  If the alternator bearings were to be used to support 
the turbine, calculations and then alterations to the alternator bearings and case would have to 
Figure 5.9 - TSR Mk V original rotor and generator setup. 
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be performed to accommodate the new loadings.  If the alternator then failed (and the 
conditions for equipment in the saturated vacuum conditions are very harsh) the alterations 
would have to be performed to subsequent units. 
 
 As a consequence of the very high drag coefficient from the profile of the rotor, it was 
decided to explore a 4:1 gear ratio driving a high-output 24V self-excited alternator.  The 
revision of the rotor and alternator design also allowed for the use of a shaft, supported on 
sealed bearings, to be used to support the rotor.  The original setup had the internal shaft 
bearings of the alternator locating the rotor and it was thought that this would be 
unsatisfactory for the new design because of overloading the alternator bearings.  Also 
possible with the new design was the testing of several gearing ratios to ensure that the rotor 
output and the load were as closely matched for speed compatibility as possible.  A Computer 
Aided Design (CAD) model of the rotor and alternator assembly was generated to aid in 
designing the support framework and the required operating clearances.  The CAD model and 
photographs of the finished machinery are shown in Figure 5.10. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 5.10 - TSR Mk V modified rotor and generator setup with 4:1 geared alternator. 
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 Due to the true output power profile of the rotor being unknown, the alternator chosen was a 
compromise between low cut in speed and output.  To compare the input mechanical power 
requirement of the alternator to the electrical power output of the unit (see Figure 5.11 for 
speed vs. output), a theoretical torque curve was generated.  This was done by setting an 
unvarying shaft power output of the rotor and calculating the torque required to provide this 
power at varying speeds (see Figure 5.12).  Although this is an unrealistic projection of the 
operation of the reaction turbine at lower speeds and therefore higher torque (these machines 
being low-torque devices), it was nonetheless instructive to compare this projection with the 
theoretical torque requirements of the alternator.  Interestingly the comparison suggested that 
the rotor would have enough low speed torque.    
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 5.11 - Alternator manufacture's speed vs. output graph (Balmar 2006). 
Figure 5.12 – Projected rotor shaft output and alternator input for varying shaft speed. 
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After installation and during testing, the alternator load at low speed proved to be too great for 
the rotor in contradiction to the calculations.  This resulted in the alternator cutting out, 
spinning far passed cut-in speed while unloaded, and finally releasing a spike of power before 
stalling the rotor.  This shows that the rotor‟s torque output at the alternator‟s cut–in speed 
was too low to sustain operation and hold a steady state.  Although the alternator would not 
run in a steady state with the rotor, the unloaded rotor speed could be measured, and as well, 
some intermittent load data provided information for further development.    
 
During the tests it could be seen that the unloaded rotor accelerated very rapidly to speeds in 
excess of 1000 rpm.  The gearing meant that the alternator reached over 4000 rpm.  Once the 
rotor gained this speed, the alternator was then loaded and produced peak outputs of several 
hundred watts (up to 10A at 36V) immediately upon circuit connection, but the load almost 
immediately stalled the rotor.  This proved the installed alternator was an unsuitable match for 
the rotor in the experimental apparatus in contradiction to theoretical expectations.   
 
The rig was subsequently modified and the next trials saw the alternator being replaced by a 
24VDC, 300W permanent magnet motor which had been dynamometer tested as a generator 
prior to installation (see Appendix A10.9).  The 4:1 gearing ratio was retained as it was 
decided to test the rotor again at these low speeds with the new generator.  The tests were 
performed under much the same conditions as previously and steady state running was 
achieved.  A computer generated drawing of the set up and photographs appear in Figure 5.13. 
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A series of tests using the 4:1 gearing ratio provided guidance for improving the performance 
of the turbine at low speeds.  A 1:1 gearing ratio was then used to gain further insight into the 
rotor‟s performance at higher speeds (up to 3500 rpm).  In order to take advantage of the new 
improvements in operation, such as the machine being able to generate a pressure differential 
capable of over-pressurising and halting operation, the steam feed for the evaporator coils was 
reworked to allow for a greater range for adjustment.  The opportunity was also taken to map 
the speed vs power curve for the alternator in a dynamometer.  A CAD drawing and 
photograph of the DC generator and 1:1 ratio gearing setup is shown in Figure 5.14. 
 
 
 
 
 
 
Figure 5.13 - TSR Mk V intermediate rotor setup with 4:1 gearing and permanent magnet motor. 
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Figure 5.14 - TSR Mk V final rotor configuration with 1:1 gearing and permanent magnet motor. 
Chapter 6 
 79 
6 TESTING OF THE TSR MK V AND DISCUSSION OF 
RESULTS 
For the purposes of this research thesis, the TSR experimental rig was trialled repeatedly by 
the author, in its various configurations, in order to ascertain the maximum performance of 
the device.  Initial testing of the TSR Mk V (in its original design configuration) was 
performed to gain benchmark information upon which to base any comparisons between 
modifications.  It should be noted that the method used to heat the working fluid in the TSR 
had a limited range of heating rates.  As a consequence, the rate was set to provide maximum 
heat transfer into the evaporator without taking the pressure differential of the rig above its 
maximum.  For all of the trials conducted, the cooling water flow rate was set to the 
maximum able to be provided to the rig.  The aim of this series of experiments, as stated 
above, was to determine the maximum performance of the TSR.  The results of the tests are 
provided in the following pages and are divided into sections in order to facilitate analysis.  
 
6.1 Thermal Transfer Performance 
The steady state results of a single, typical test are presented in Table 6.1.  The testing, 
achieved the approximate evaporator and condenser temperatures that the TSR Mk V was 
designed for (approximately 60ºC) and this displays that the experimental rig has met these 
design criteria.  When examining the temperatures relative to each other, a small thermal 
gradient can be detected in the evaporator and this shows up through the lower positioned 
thermocouple reading being slightly lower than the higher positioned thermocouple.  This is 
however, expected due to buoyancy effects within the evaporator and also the fact that the 
condensate returning from the condenser to the evaporator enters below the heating coils.  
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The corresponding saturation pressures for the evaporator and condenser temperatures are 
18kPa (for 58ºC) and 4.5kPa (for 31ºC) (Rogers & Mayhew 1995, p. 3).  This corresponds 
with the recorded test data and is within expected percentage error.   
 
Table 6.1 - TSR Mk V typical steady state experimental results (thermocouple positions can be 
seen in Figure 5.7). 
Thermocouple Description
Thermocouple 
Number
Initial 
Steady 
State 
Reading
Final 
Steady 
State 
Reading 
Condenser Coil Surface Temperature (°C) 1 21 21
Condenser Atmospheric Temperature (°C) 2 31 31
Condenser Coil Surface Temperature (°C) 3 31 31
Condenser Atmospheric Temperature (°C) 4 31 31
Condenser Coil Header Temperature (°C) 5 29 29
Condenser Coil Header Temperature (°C) 6 23 23
Generator Surface Temperature (°C) 7 32 32
Evaporator Header Temperature (°C) 9 59 59
Evaporator Working Fluid Temperature (°C) 11 58 58
Evaporator Working Fluid Temperature (°C) 14 56 56
Evaporator Header Temperature (°C) 01 57 57
Evaporator Working Fluid Temperature (°C) 02 57 57
Evaporator Coil Surface Temperature (°C) 03 56 56
Condenser Cooling Water Entry Temperature (°C) 04 20 20
Condenser Cooling Water Exit Temperature (°C) 05 29 29
Lower Adiabatic Section Temperature (°C) 06 57 57
Upper Adiabatic Section External Temperature (°C) 07 57 57
Lower Condenser Section External Temperature (°C) 08 34 34
Mid Condenser Section External Temperature (°C) 09 34 34
Upper Condenser Section External Temperature (°C) 010 33 33
Condenser 
Pressure 
Reading 
(kPa)
Differential 
Pressure 
Head (m)
Differential 
Pressure 
Difference 
(kPa)
Cooling 
Water 
Volume 
Flow Rate 
(l/s)
5.5 1.38 13.5 2.95
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6.1.1 Condenser Heat Flow 
To audit the heat flow within the condenser, an energy balance can be performed.  The heat 
transferred from the condensing steam to the coils can be determined by calculating the heat 
flow into the cooling water.  The T-type thermocouples used for determining the temperature 
of the cooling water entering and exiting the condenser were of “special” grade (see Appendix 
A8.1) and so for the purposes of these calculations, the temperatures are provided to 3 
significant figures.  The property values for saturated water can be used with good accuracy 
for sub-cooled water (Rogers & Mayhew 1995, p. 10) and interpolating at the average 
temperature from Rogers & Mayhew (1995, p. 10) the values are: 
 
 
 
 
 
Using these figures, the mass flow rate of the cooling water can be calculated: 
 
 
 
 
 
An energy balance method can be applied based upon the mass flow rate calculated above.  
As the heat lost by the steam condensing on the outside of the condensing coils must be equal 
to the heat gained by the cooling water: 
 
 
 
 
 
 
This result shows that the performance of the coils, as manufactured, do provide the level of 
heat transfer required by the design of the TSR Mk V (100 KW) namely transferring the 
required amount with minimal LMTD.  This is for a cooling water flow rate of approximately 
3 l/s.  The original maximum flow rate of the cooling water was approximately 1.75 l/s and 
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was altered during testing.  The modification was made because of a concern that the coils 
would fail to perform adequately with a relatively high cooling water inlet temperature (such 
as happens during the heat of summer).  A full analysis of the heat transfer in the condenser 
coils (with the modified flow rate) is provided in Appendix A1.  Table 6.2 provides the raw 
results data for the TSR Mk V experiments and includes experimentation with the original 
and modified cooling water flow rates. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Table 6.2 - TSR Mk V prototype thermal performance results and calculations. 
Date of Test 17/4/07 13/4/07 12/4/07 22/3/07 21/3/07 23/6/06 21/6/06 6/3/06 4/10/05 6/10/05 7/10/05 15/3/04 2/6/04 20/8/02
TSR Start 
Vacuum (kPa)
95 94 94 94.5 94 94.5 95 94.5 95.5 95 95 96 96 93
Evaporator 
Temperature (°C)
57 58 56 59 60 52 61 57 63 63 63 52 54 75
Condenser Water 
Input (°C)
20.6 20.4 20.9 22.3 21.9 12.7 13.5 22.8 15.5 16.2 16.3 14.3 14.2 11.5
Condenser Water 
Output (°C)
28.8 29 29.2 30.6 30.3 21.7 20.7 30.6 31.5 30.7 31.3 27.5 27.6 24.6
Condenser Water 
Temperature Gain 
(°C)
8.2 8.6 8.3 8.3 8.4 9 7.2 7.8 16 14.5 15 13.2 13.4 13.1
Condenser Water 
Average 
Temperature (°C)
24.7 24.7 25.05 26.45 26.1 17.2 17.1 26.7 23.5 23.45 23.8 20.9 20.9 18.05
Condenser 
Atmospheric 
Temperature (°C)
30 31 32 34 35 31 40 37 36 36 36 31 33 39
Average 
Condenser Water 
Volume Flow 
Rate (l/s)
2.83 2.95 2.92 2.97 2.93 2.92 2.93 3.08 1.79 1.79 1.74 1.74 1.74 1.74
Condenser Water 
Average Specific 
Volume (x10
-3 
m
3
/kg)
1.003 1.003 1.003 1.003 1.003 1.001 1.001 1.003 1.003 1.003 1.003 1.002 1.002 1.001
Average 
Condenser Water 
Mass Flow Rate 
(kg/s)
2.82 2.94 2.91 2.96 2.92 2.91 2.92 3.07 1.79 1.79 1.74 1.74 1.74 1.74
Cp (kJ/kgK) 4.181 4.181 4.181 4.180 4.181 4.185 4.185 4.180 4.182 4.182 4.181 4.183 4.183 4.184
Condenser Heat 
Flow (kW)
96.7 105.8 100.9 102.6 102.7 109.2 87.6 100.1 119.4 108.2 108.8 95.9 97.3 95.0
Differential 
Pressure Head (m)
1.11 1.38 1.19 1.22 0.98 0.98 0.96 1.43 1.46 1.48 1.46 1.13 0.98 0.98
Differential 
Pressure Reading 
(kPa)
10.82 13.46 11.60 11.90 13.60 12.80 9.36 13.94 14.24 14.43 14.24 11.02 9.56 9.56
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6.1.2 Evaporator Heat Flow 
The heat flow into the evaporator can be calculated from the summation of the heat flow into 
the condenser, the mechanical output and the losses to the surroundings.  For the purposes of 
this analysis, the work output of the turbine will be considered negligible (as a portion of the 
total) and this will be shown later in the chapter when examining the output power of the 
turbine.  As the heat flow of the condensing working fluid has been calculated, the only 
remaining unknown is the amount of heat lost to the atmosphere.   
 
The calculation of the heat lost to atmosphere is shown in Appendix A3.  It examines the 
energy imparted to the atmosphere by natural convection and radiation (in parallel) for an 
evaporator temperature of 60°C and an atmospheric temperature of 25°C.  The analysis 
assumes that the condenser section of the TSR contributes an insignificant loss of heat to the 
surroundings due to its temperature being close to that of the surroundings.  It also assumes 
that only negligible heat is lost through the concrete slab upon which the TSR rests and is 
based upon the evaporator and adiabatic sections being isothermal (the proof for which can be 
found in Appendix A4).  The analysis shows that the heat loss to the surroundings is 
approximately 3kW and this represents around a 3% loss of the TSR‟s heat energy to the 
atmosphere.  A picture taken of the TSR using an infrared thermal imaging camera is 
provided in Figure 6.1.  Among other notable features in the photograph is the conformation 
of the isothermal nature of the evaporator and condenser sections. 
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6.1.3 Influence of Condensing Temperature on Evaporator Temperature 
An examination of the effect of the condensing temperature upon the evaporator temperature 
is shown in Figure 6.2.  It indicates the general trend and relationship that an increased 
condenser temperature results in an increased evaporator temperature.  Although the trend 
appears for both cooling water flow rates, it is more pronounced for the original (restricted) 
flow rate.  The fixed maximum pressure differential between the evaporator and condenser 
(set by the TSR height) makes this an expected outcome for the prototype TSR Mk V when it 
is operating at its maximum heat input rate. 
 
Figure 6.1 - Infrared thermal picture of the TSR Mk V during operation. 
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6.2 TSR Mk V Power Output 
As mentioned in Section 5 describing the TSR Mk V experimental apparatus, the 
configuration of the unit was altered multiple times during the testing and is described in 
detail in that section.  The aim of modifying the gearing ratio and generator setup was to 
provide output data for a wider range of loading conditions.  The adoption of a 4:1 gearing 
ratio was to allow the rotor to operate at a lower speed whilst driving a higher speed alternator 
in order to improve the electrical output.  The modification proved unsuccessful due to the 
equipment chosen though, with that noted, the failure provided significant information in 
itself.  It showed that the shaft power expected from the rotor was not being extracted from 
the rotor design.  This led to the installation of the next electrical generator, firstly in a 4:1 
ratio and later in 1:1. 
 
Testing of the selected generator was performed in a separate dynamometer to gain 
information on the input shaft power requirement for various output levels.  From this 
Figure 6.2 - Evaporator temperature as a function of condensing temperature. 
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information, a mechanical output power of the rotor can be calculated from the electrical 
output of the generator.  Using this output, the reading of the installed tachometer can also be 
checked.  An example (for a constant voltage) of the dynamometer testing and output curves 
is provided in Figure 6.3.    
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 6.3 - Generator shaft speed and torque as a function of output current 
for constant 7.5 volts. 
Figure 6.4 - Generator input shaft power as a function of output current for 
constant 7.5 volts. 
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The information provided from the motor dynamometer output, (Figure 6.4) has been used to 
prepare a table summarising the mechanical output of the TSR rotor for the various tests 
performed and is provided in Table 6.3. 
 
 
 
 
 
 
 
 
 
 
 
As can be seen from the results in Table 6.3 the maximum steady state mechanical power 
output ranged from a low value of 159W up to 228W and the resulting variation is 
approximately 70W.  The output power results show no relationship to the configuration of 
the generator or the choice of nozzle reduction insert.   
 
6.3 TSR Mk V Cycle Efficiency 
Calculation of the efficiency of the TSR Mk V for a 96.7kW heat input and a 223W power 
output is thus: 
 
 
 
 
This shows that, for the conditions trialled, the cycle efficiency is 0.231%.  Details of the 
achieved efficiency of the TSR Mk V rotor for all of the tests are provided in Table 6.4. 
 
 
 
Table 6.3 - TSR Mk V power output data. 
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The efficiency of the rotor varies from a high of 0.231% down to 0.164% with an average of 
0.199%.  This falls far short of the design efficiency of 3%.  Hence reducing the nozzle exit 
area from the original testing has not had the predicted effect of bringing the torque output of 
the rotor up to the design output.  Reasons for the lack of predicted power are examined in 
Section 6.5. 
 
6.4 Examination of a Theoretical Rankine Cycle 
To be able to gain insight into the maximum theoretical efficiency of the TSR Mk V, a 
Rankine cycle experiencing the same conditions as those from the test just examined will be 
explored.  As previously stated, the design of a heat engine has to take into account many 
variables and practicalities to produce a machine with the lowest lifecycle cost for the applied 
conditions.  The reasons for deviating from the „perfect‟ Carnot cycle have been explored and 
it is these required deviations that have led to the modified cycles such as the Rankine cycle.  
Due to the departures from the Carnot cycle, the cycle efficiency for the Rankine cycle cannot 
be calculated so easily (graphically) from the cycle diagrams.  The most common method 
employed is to calculate the cycle efficiency and other details using the empirically derived 
Table 6.4 - Table of achieved output efficiency of the TSR Mk V. 
Date of Test
Condenser 
Heat Flow 
(kW)
 Maximum 
Mechanical 
Output (W)
Rotor 
Efficiency 
(%)
17/04/2007 96.7 223 0.231
13/04/2007 105.8 214 0.202
12/04/2007 100.9 211 0.209
22/03/2007 102.6 196 0.192
21/03/2007 102.7 228 0.222
23/06/2006 109.2 179 0.164
21/06/2006 87.6 193 0.220
6/03/2006 100.1 173 0.173
4/10/2005 119.4 159 0.133
6/10/2005 108.2 216 0.199
7/10/2005 108.8 216 0.198
15/03/2004 95.9 193 0.201
2/06/2004 97.3 209 0.215
20/08/2002 95.0 212 0.224
Average 102 202 0.199
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properties for the working fluid (at the relative conditions throughout the cycle).  Not all of 
the variables can be directly taken from the property tables but those that are unknown can be 
calculated from those that are.  The efficiency and other information can then be derived to 
complete the modelling of the cycle for which a T-s diagram is provided in Figure 6.5. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Starting with modelling the saturated vapour at 58°C (331K) the properties, interpolated from 
Rogers & Mayhew (1995, p. 3), are: 
 
Point 1: 
 
 
 
 
 
Using the conditions of the condenser, the next phase in the process that needs to be 
calculated is that of the saturated liquid modelled at 31°C (304K).  Thus: 
Figure 6.5 - Temperature vs. entropy chart for water with typical Rankine cycle for 
the TSR Mk V. 
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Point 3: 
 
 
 
 
 
 
The properties found for points 1 and 3 allow for the computation of those for point 2.  The 
temperature at this cycle point is that of the condenser and it is assumed that the condenser is 
isobaric (i.e. p3 = p2) and isothermal (i.e. T3 = T2).  For the calculations determining the ideal 
Rankine cycle for the conditions, it is assumed that the process occurring within the rotor / 
turbine is adiabatic and reversible and thus isentropic (i.e. s1 = s2).  The relative amounts of 
saturated liquid and saturated vapour need to be calculated.  Thus if the mixture at point 2 
contains „x‟ amount of dry saturated vapour: 
 
Point 2: 
 
 
 
 
 
 
 
 
This shows the working fluid at point 2 to be comprised of 93.86% dry saturated vapour and 
the remainder is saturated liquid.  This value is then used to find the sum of the enthalpies of 
the components of the mixture at point 2 for the total enthalpy: 
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For the calculation of the properties at point 4, the energy input required for the pump to 
pressurise the saturated liquid up to the evaporator pressure is needed.  It is assumed that there 
is no pressure loss in the evaporator (p1 = p4) and the liquid is incompressible (i.e. v1 = v2) 
thus: 
 
 
 
 
At point 4 the total enthalpy for the sub-cooled liquid becomes: 
 
Point 4: 
 
 
 
 
The amount of work extracted from the working fluid from passing through the adiabatic and 
reversible rotor can be calculated from the drop in enthalpy of the working fluid when 
converting from the state at point 1 to that at point 2.  The work output is then: 
 
 
 
 
The net work output can be calculated by deducting the pumping work from the gross rotor 
output: 
 
 
 
 
The heat input required to drive the Rankine cycle can be calculated from the increase in 
enthalpy of the working fluid between point 4 and point 1.  Thus: 
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With the work output and the heat input calculated, the efficiency (ηIdeal) of the perfect 
Rankine Cycle (for these conditions) can be found: 
 
 
 
 
 
The maximum achievable efficiency (for the conditions used) for a RCHE is 7.938%.  This 
compares with an efficiency of 8.157% for a Carnot cycle operating under the same 
conditions.  The achievement of the TSR Mk V of 0.2% efficiency for the same conditions is 
a mark of the inefficiency of the rotor in delivering output shaft power.  In the following 
section the various possible sources of inefficiency will be explored. 
 
 
6.5 Rotor Power Losses 
There are a number of possible separate losses that contribute to the overall poor performance 
of the rotor in the TSR Mk V and result in it performing below the design expectations.  Next 
to be explored is the deviation from the power output specified in the designs when evaluated 
under the design conditions. 
 
6.5.1 Losses Due to Condensate Return Path 
One of the conclusions drawn from the limited testing of the TSR Mk V in a previous study 
was the need to examine the contribution to the losses of the condensate as it travels from the 
outside surface of the coils to the condensate return tubes.  As can be seen from the 
configuration of the TSR, the part of the return path just described crosses the area swept by 
the rotor.  An analysis was performed and is provided in full in Appendix A5.  The power loss 
calculation based on the average momentum change of the condensate when it strikes the 
rotor and, at the design conditions, results in a 134W power loss from the rotor. 
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6.5.2 Aerodynamic Losses of the Rotor 
The geometry of TSR Mk V rotor can only be described as lacking any form of stream-lining.  
The rectangular section chosen for the rotor‟s arms was selected for its low cost and not for 
aerodynamic qualities.  A drag analysis was performed for the rotor and is provided in full in 
Appendix A6 based upon the design conditions of the TSR.  The projection, at the rotor‟s 
design speed of 50Hz, shows the rotor loses to be 2040W due to the frontal drag of the rotor 
arms and nozzle „heads‟. 
 
6.5.3 Pressure Losses within the Rotor 
As the TSR rotor is a conduit through which vapour is channelled, it is subject to pressure 
losses resulting from this flow.  There is a contribution to the overall pressure loss within the 
turbine by fluid friction flow losses.  Using the design parameters and examining only those 
flow losses mentioned, the vapour experiences a pressure loss of 0.79kPa as it travels through 
the rotor.  This compares to the maximum possible pressure differential in the TSR of 
approximately 15 kPa and thus represents about 5.3% of the maximum available differential 
pressure to drive the rotor. 
 
6.5.4 Summary of Overall Rotor Losses 
As has been shown, there are various contributions to the overall losses of the rotor but the 
major effect is from the aerodynamic losses with approximately 2/3 of the design power lost 
there.  Other minor contributions, combined with this major loss, result in the reduction of 
output power to that experimentally found (approximately 250W).  This relatively large loss 
shows that most of the energy imparted to the rotor by the flowing steam is lost by the very 
low efficiency of the rotor design. 
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7 CONCLUSIONS AND RECOMMENDATIONS FOR THE 
TSR PROJECT   
During the testing of the TSR, several problems, and several opportunities for advancement, 
were observed.  This type of apparatus must compromise between a design that maximises the 
pressure difference (proportional to the height) but also needs to minimise the height to 
reduce material usage (for cost) and allow the rig to be manageable.  One application where it 
would be advantageous to employ a short TSR can be seen when exploiting a small 
temperature difference over the unit.  However, this limits the Carnot efficiency of the 
designed TSR. 
 
The lack of aerodynamic profile on the rotor is a concern as not only does the rotor arm 
present an extreme coefficient of frontal drag but also the flat frontal face makes the 
momentum change of the falling condensate significant.  The adoption of an externally 
aerodynamic profile for the rotor and a system where the condensate return path avoids 
conflict with the rotor would improve this significantly. 
 
The condensate return system is another intrinsic challenge of the redesign of the TSR.  The 
flow of the vaporised working fluid from the rotor exhaust must travel up while the liquid 
working fluid must be returned to the evaporator from above the path of the rotor.  An 
improved return path for the liquid working fluid would be beyond the rotor‟s path, between 
the nozzle and the shell.  To shield the rotor, a channelled umbrella type structure that does 
not impede the vapour flow to the coil could be employed.  The condensate then must be 
returned through the separation plate and thus travel from a low pressure region to a high 
pressure region under the influence of the head difference to make flow possible.  Although 
the current return pipes for the TSR carry and return the flow adequately, it is thought that 
apart from the momentum loss affected upon the rotor from the falling condensate, that 
“whipping” also occurs because the surface of the water is too close to the rotor.  An annular 
return system could alleviate this by returning the condensate around the rotor and down 
outside the adiabatic and evaporator sections.  Any heat transferred through the shell from the 
vapour to the condensate would be a type of preheating and not lost to atmosphere.  The exit 
of the annulus would be at the lowest and therefore coolest part of the evaporator promoting a 
natural convection current.  Having the exit at the bottom prevents the vapour (from the 
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nucleate boiling of the working fluid) entering the condenser directly.  There is also the 
benefit that if the level of the evaporator lowers, the entry is still below the level of the 
working fluid. 
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8 THE TRILATERAL FLASH CYCLE DEVELOPMENT AT 
RMIT 
The RMIT TFC project was the evolution of a series of projects aimed at progressively 
improving the efficiency of current low-temperature ORCHE technology.  A successful 
demonstration ORCHE was built in by Munari (1999) and O‟Callaghan (1999) at RMIT using 
R123 as the refrigerant for operation below 60°C.  Ignoring the parasitic power used to supply 
the heat source and sink and that to pump the working fluid, a 300W gross output was 
obtained representing a 5% efficiency.  The demonstration rig is shown in Figure 8.1. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
In order to reduce the parasitic losses, the machine was subsequently adapted to use a gravity 
return system.  A single „lock tank‟ Gravity Assisted Rankine Cycle Heat Engine 
(GAORCHE) was built by Mamot (2000) and Tan (2000) to cyclically charge under gravity 
from the condenser and then discharge under combined gravity and the gas pressure from the 
evaporator.  In this way the GAORCHE was able to induce a pressure head in the condensate 
to be „pumped‟ from the condenser to the evaporator and use it for flow instead of a parasitic 
pump.  The use of a single lock tank caused the expander output to be intermittent and 
Figure 8.1 - RMIT demonstration ORCHE rig (Munari 1999, p. iv). 
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dependent upon the phase of the lock tank charge/discharge cycle.  Limitations of the design 
and construction of the rig limited the peak power output of 8.3W, representing an efficiency 
of 0.09%.  A picture of the GAORCHE Mk I is shown in Figure 8.2 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The RMIT GAORCHE project continued in 2001 with the GAORCHE MkII (Bryson 2001; 
Pooley 2001) and in 2002 with the MkIII (Gorges 2002; Kouvelis 2002).  The MkIII revision 
saw the addition of a second lock tank in order to alleviate the cyclic pulsing of the expander.  
The concept was to have one tank charging while another tank was discharging to be able to 
instantaneously reverse them to provide a continuous cycle.  The height of the tanks was 
increased to provide greater pumping head and the machine was fully automated for stand 
alone operation.  The pilot operated solenoid valves in the MkII proved problematic for 
precise control and so the MkIII saw their replacement with automated gate valves to alleviate 
previous problems.  Peak gross power for the MkII was just over 100W with a net average 
efficiency of approximately 0.5%.  The MkIII was able to sustain about 20% more power than 
Figure 8.2 - GAORCHE Mk I experimental apparatus (Tran 2000, p. 26A). 
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the previous model and make a modest efficiency gain.  A picture of the GAORCHE Mk II is 
shown in Figure 8.3. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The design of further experiments led to the transference of equipment from the project to be 
reconstructed as a rig able to explore the efficiency of a TFC.  Previous research has found 
promising results for applications above 80°C but no lower temperature experimental trials 
can currently be found (see literature review in Section 3.12).  This generated interest for the 
RMIT to explore a TFC heat engine with application to heat sources less than 80°C.  It was 
necessary for the author to construct a new laboratory prototype to explore the cycle operating 
with low source temperatures and to quantify the empirical performance of the rig.  These 
results could then be compared to results generated from theoretical modelling and the 
deviations explored.  The remainder of this chapter describes the work carried out for the sole 
purposes of this research document. 
 
8.1 Development of the TFC Experimental Rig 
A relatively simple cycle model was developed using the Excel spread sheet in order to model 
various component properties and cycle parameters.  The program interpolates the properties 
Figure 8.3 - GAORCHE Mk II experimental rig. 
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of the working fluids at the relevant temperature and pressures as well as allowing for 
variations in the thermodynamic efficiencies of the components.  A heat exchanger modelling 
program was coupled to the simple cycle modelling program in order to get information about 
the engine‟s potential performance under various heat source and sink conditions.  In order to 
better model the empirical results, a program for determining the pressure losses in the piping 
due to bend, joins, contractions/expansions and lengths was also appended to the computer 
model.  As shown in the extensive work by Smith (1993) on the subject, the characteristics of 
a heat source are the first parameters examined in evaluating a potential heat engine cycle and 
the incorporation of this ability into the model has been an important factor in the design. 
 
The aim of the design brief for the RMIT TFC research undertaken by the author was to 
design a small-scale laboratory prototype heat engine that employs a TFC and to explore the 
maximum performance of the engine.  When coming to the initial design of the rig, schematic 
diagrams of each component required by the prototype were generated to explore sensor 
choice and positioning.  Certain pieces of equipment were principally selected at this stage 
because of their availability to the project and thus include the plate heat exchanger, working 
fluid pump and expander.  Using the measurements of the existing equipment and the 
information gleaned from the early schematic diagrams, a Computer Aided Design (CAD) 
model was developed to determine component layout.  This design was revised once to allow 
for the practicalities of procurement and manufacturing and was used to produce the 
experimental apparatus.  The configuration is shown from two angles, on the following pages, 
in Figure 8.4 and Figure 8.5. 
 
 
 
 
 
 
 
 
 
 
 
Chapter 8 
 100 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 8.4 - CAD drawing of the TFC experimental apparatus from the front. 
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Figure 8.5 - CAD drawing of TFC experimental apparatus in dimetric view. 
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Figure 8.6 - TFC experimental rig in front of  heat supply bench. 
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8.2 TFC Components 
8.2.1 Expander 
The expander used is the air-end from a commercially available „twin-screw‟ pneumatic 
compressor running in reverse to extract power from the expanding liquid.  It is of the screw 
type for which contact of the rotor lodes is required to both seal and drive the rotors.  The 
Kumwon ZAE-3 used is manufactured with a 4:5 rotor profile and ported for a 4:1 pressure 
compression/expansion ratio.  It provides, as a compressor, 0.3 m
3
 free-air-delivery at 3000 
rpm approximately.  The rotors are manufactured from a high-grade low-carbon steel and the 
housing is made from a high-carbon, cast steel.   
 
After initial installation and commissioning it could be observed by the author that the 
expander was encountering problems operating as an expander instead of its manufactured 
purpose of being an air compressor.  In order to be used in reverse and at the elevated 
temperatures seen, the thrust arrangement of the bearings was altered to be able to set the 
clearances precisely for the new loading and thermal expansion.  Later development after 
further testing saw seals being introduced in the housing around the bearings to retain 
sufficient lubricant and to minimise the excessive bypass of the expander that could be seen in 
the early tests.  The entry and exit ports of the expander were also slightly modified to reduce 
any unnecessary flow blockages and errors in manufacture.  A picture of the expander rotors 
is provided in Figure 8.7. 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 8.7 - TFC expander twin screw rotors. 
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8.2.2 Torque Cradle 
For the purpose of measuring the power output of the expander a „torque cradle‟ was attached 
to the output shaft of the expander.  A flexible coupling was used to transmit the shaft power 
from the expander to a 24VDC permanent magnet motor running in reverse (as generator) and 
thus providing a variable load.  Details for the Unitemotor MY016 unit used for the generator 
can be seen in Appendix A10.9.  The generator is rigidly mounted to the suspended cradle 
that itself is located by spherical, self-aligning bearings in pillow blocks.  The expander and 
the pillow blocks are both rigidly attached to an RHS section above.  To measure the torque 
output of the expander (and to prevent free rotation of the cradle) a Dacell brand Universal 
Load Cell model UU-2 was attached to the cradle and RHS beam by yokes with ferrules to 
alleviate any frictional effects.  The load cell was chosen due to its relative sensitivity to the 
low force reading expected.  Details of the load cell are presented in Appendix A10.6 together 
with the details and charts of the calibration performed at RMIT with the load cell and the 
data logging equipment.  The length of the arm used to attach the load cell to the cradle was 
0.0100m and the force exerted by the arm to the load cell was set to 90.0º.  The expander and 
dynamometer setup is shown in Figure 8.8. 
 
 
 
 
 
 
 
 
 
 
 
To gain information on the thermodynamic efficiency of the expander working in reverse of 
its normal operation, as well as for gaining information for instrumentation and calibrating the 
torque cradle, the ZAE-3 unit was run as a pneumatic expander. 
Figure 8.8 - Expander and torque cradle dynamometer configuration (shown 
inverted from installation orientation). 
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The ability to vary the mechanical load on the expander can be useful to explore varying 
operating conditions of the expander.  A DC electronic load was attached to the 
motor/generator for the purpose of fine and wide ranging adjustment in the loading of the 
expander.  The electrical output of the motor/generator was also monitored and logged as a 
rudimentary check on the shaft power output reading and also to be able to replicate the same 
loading in subsequent tests.  Details of the DC electronic load, shunt and signal conditioning 
equipment used to monitor the electrical output of the motor is available in Appendix A10.9. 
 
The rotational speed of the expander shaft was measured using a Monarch Instruments brand 
laser tachometer model „Pocket Laser Tach 200‟.  The unit was selected due to its high level 
of accuracy and calibration.  The output from the tachometer was fed into a Frequency to 
Analogue converter before the current-output signal was logged by the data logging 
equipment.  During bench testing of the expander and torque cradle setup, the speed readings 
from the tachometer and the data acquisition system were checked against a calibrated strobe 
tachometer with a high level of agreement.  Details of the speed measuring system can be 
found in Appendix A10.7 
 
8.2.3 Heat Exchangers 
The heat exchangers used were those procured for the 1999 ORCHE project as previously 
detailed in the beginning of this chapter.  The APV „Parabrazed‟ Type BE7 braze-welded, 
stainless-steel plate heat exchangers were used.  These units are manufactured to eliminate 
seals that could be incompatible with the working fluid (isopentane) and thus are thought leak 
proof.  The heat exchangers were employed in the counter flow configuration to give 
maximum heat exchange effectiveness.  As can be seen from the information and analysis 
given in Chapter 3, the greatest gain in cycle efficiency can be made by lowering the 
condenser working fluid temperature (as opposed to increasing the evaporator temperature of 
the working fluid).  For this reason, the 30 plate unit was used as the condenser and the 20 
plate unit for the „evaporator‟.  Notwithstanding the fact that the TFC has sensible and not 
latent heat transfer in the heat input part of the cycle, the term „evaporator‟ is used for this 
heat exchanger because this is the term prevalent in the industry.  A picture of the evaporator 
used in the TFC is shown in Figure 8.9. 
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8.2.4 Working Fluid Pump 
The pump used to circulate the working fluid was a Widen brand P.025 Metal pump fitted 
with „WIL-FLEX‟ diaphragm.  The configuration of the pump is air-operated, positive 
displacement, self priming, and uses a double diaphragm.  The pump was selected because of 
its suitability for use with isopentane and its ability to operate over an acceptably wide range 
of flow-rates and operating temperatures.  The inlet and outlet ports of the pump were 
enlarged to ½” to reduce flow restriction and hence lower the pressure loss due to the pipe 
contraction upon entry.  The use of a pneumatic pump was also thought to be safer than 
electric because it eliminates the possibility of providing an electric shock.  The pump can be 
seen in Figure 8.10 and further details can be found in Appendix A10.13. 
 
 
Figure 8.9 - TFC 20-plate brazed stainless steel 'evaporator' heat 
exchanger with entry temperature and pressure gauges. 
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8.2.5 Flow-Meter 
The flow-rate meter used to monitor the working fluid flow rate was a Trimec brand 
Multipulse MP015 positive displacement flow meter.  The pump was chosen for several 
reasons including the compatibility of its materials, pressure rating, range of operational 
temperatures, range of measurable flow rates, as well its accuracy and high degree of 
repeatability.  The „Reed Switch 2‟ output was used in conjunction with the factory 
calibration data (for the unit flowing water) and attached to a frequency to analogue converter.  
The output signal of the frequency to analogue converter was then fed into the data 
acquisition system and logged to computer file.  The size of the inlet port of the meter was 
chosen to match with the pump to minimise pressure losses in the flow due to changing pipe 
geometries.  The flow meter can be seen in Figure 8.10 and more detailed information 
pertaining to the flow meter can be found in Appendix A10.4.   
 
Figure 8.10 - Photograph of the lower section of the TFC rig showing pump, 
flow meter, gauges and filling loop. 
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8.2.6 Further Instrumentation 
The pressure monitoring was done by Robinair brand „Compound‟ refrigerant gauges.  The 
gauges were placed at the four points of change in the working fluid cycle to monitor the 
pressures at these points.  The gauges were chosen for their compatibility with isopentane, 
range of operating temperatures and pressures as well as the cost effectiveness.  As the 
working fluid in a TFC is saturated at the entry and exit of the expander, the gauges are used 
only for general monitoring and confirmation of the expected pressures at points in the cycle.  
The pressure readings are not used for any calculations and so a very high level of accuracy 
was not sought for the gauges.  
 
The thermal monitoring of the heating and cooling water and the working fluid was 
performed using „special grade‟ T-type thermocouples inserted into the centre of the fluid 
stream.  The temperature of the working fluid was taken immediately prior to the entry and 
exit of the heat exchangers.  For the working fluid the thermocouples were placed at the 
points in the cycle immediately before the heater, at the entry and exit of the expander and 
after the condenser.  The thermocouples were installed to penetrate the wall of the fluid pipes 
and monitor the fluid in the centre of the fluid stream as indicated previously.  Details 
pertaining to the accuracy of the thermocouples used can be seen in Appendix A10.14. 
 
8.3 Rig Construction 
In order to minimise pressure losses around the system, special attention was paid to matching 
the internal diameters of the working fluid piping.  Where contractions were required to match 
the internal diameters of piping between the various components of the rig, the contraction is 
placed at the entry of the component to minimise flow losses due to pipe friction.  Where 
expansions are required, these were placed at the exit of the component with the smaller port 
for the same reason.  Bend radii were chosen for the purpose of minimising the pressure loss 
due to the bend.  A 15 litre reservoir was used below the condenser and above the pump in 
order to encourage free draining of the condenser whilst giving the pump a priming head and 
thus lessening the possibility of cavitation when using relatively high condensing 
temperatures.  The reservoir was fabricated from a 2.5 MPa rated cylinder that has 
incorporated within it a removable 40 micron mesh filter. 
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The pipes either side of the expander connecting it to the heat exchanges contain glass 
sections to visually monitor the phase of the working fluid as it enters and exits the expander.  
The sealing chosen for the clear sections involved triple o-rings and thus employs a labyrinth 
effect and this system also protects the tubing from vibration and the effects of thermal 
expansion of differing materials.  The internal diameter of the entry and exit was again 
matched to reduce unnecessary pressure losses.  Piping loops were added (with valving) for 
filling the rig and were placed at a low point and a high point.  This meant the machine could 
be easily primed under gravity and prevent „vapour lock‟ problems.  The piping loop placed at 
the entry and exit of the expander (with valves) has a secondary use after filling and is there to 
act as a trap for non-condensable gases whilst the machine is in operation.  As the heat 
removed in the condenser can cause the working fluid (in part of the cycle) to be at a pressure 
below that of the atmosphere, there is the possibility of air being drawn into the system (in the 
event of poor sealing).  For this reason, a non-condensable trap was incorporated in the design 
of the TFC.  A picture of the expander and attached piping is shown in Figure 8.11. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 8.11 - TFC expander setup showing sight glasses, gauges, 
dynamometer and valves for the non-condensable gas trap. 
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8.4 Water Flow Meters 
The volume flow rate of the heat source water was measured using a Fischer & Porter brand 
„Precision Bore Flowrator‟, variable area volume flow-meter.  The volume flow-rate of the 
cooling water was measured by using a Dwyer brand variable area flow-meter model UV-
2112.  Further details can be found in Appendix A10.16. 
 
With all overall configuration and the individual components described, the next chapter is 
concerned with examining the experimental procedures and results. 
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9 TFC EXPERIMENTAL RESULTS AND DISCUSSION OF 
RESULTS 
The TFC experimental rig was tested many times under varying operational parameters to 
gain information for this research thesis.  The unit was tested with a range of heating water 
inlet temperatures and those used were, 48ºC, 55ºC, 60ºC, 65ºC and 75ºC.  The lowest 
temperature trialled was 48ºC as this was the lowest temperature of the heating water that was 
able to be provided, without experiencing significant drift in this set temperature.  The same is 
true for the highest temperature used (75ºC) and so it became the upper limit of the trials.  The 
temperature of the cooling water at its inlet was dictated by what was available in the lab at 
the time of the test and was typically around 20ºC.  The cooling water flow rate was not 
varied during the experiments and was set to supply the maximum available to the 
experimental apparatus. 
 
To further explore variation in experimental parameters, the working fluid flow rate was 
varied during the testing in order to explore the effect on the results and also to achieve a true 
TFC.  There exists the possibility of the rig operating in a cycle that passes a mixture of 
saturated liquid and saturated vapour through the expander.  This would occur if the heat 
transfer rate in the „evaporator‟ exceeded that required by the sensible heat gain required in a 
TFC.  If this was the case, some isobaric boiling would occur.  For the trials presented in this 
work, the flow rate of the working fluid was set to match that required for sensible transfer 
only.  This had to be done within the accuracy that the adjustments to the equipment allowed, 
and was done to produce a true TFC for analysis and thus avoided any boiling of the working 
fluid. 
 
During each of the permutations of the temperature and flow rate variations just described, the 
expander torque load was varied for each, to find the condition of maximum shaft power 
output for that set of conditions.  Once the point of maximum power had been ascertained, no 
further changes were made to the operating conditions so that steady state results could be 
obtained.  The typical steady state time held for the tests was 20 to 30 minutes and results 
provided are averages of the data taken over this time.  The principle of averaging data taken 
from sensors (such as those used) is also a method for minimising the effects of any sensor 
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fluctuations caused by cyclic interference sources such as that from unshielded AC electrical 
cables. 
 
A typical test, using one heating water inlet temperature and working fluid flow rate, will be 
examined in detail to give examples of the calculations applied to the remaining test analyses.  
The 60ºC trials are examined first as these conditions approximate the application of the 
prototype TFC apparatus to the Portland geothermal resource (as presented in Section 3.12).  
The results from the tests for 60ºC Heating Water Entry Temperature are shown in Table 9.1. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
9.1 Heat Input 
Using the energy balance method, the heat input into the working fluid can be found by 
calculating the heat loss of the heating water.  As previously stated, the property values for 
saturated water can be used with good accuracy for sub-cooled water (Rogers & Mayhew 
1995, p. 10) and interpolating at the average temperature of the water from Rogers & Mayhew 
(1995, p. 10): 
 
Table 9.1 - TFC experimental average steady state results for typical trial 
with 60ºC Hot Water Entry Temperature. 
Isopentane Evaporator Entry Temperature (°C) 24.2
Isopentane Evaporator Exit Temperature (°C) 55.4
Isopentane Condenser Entry Temperature (°C) 30.8
Isopentane Condenser Exit Temperature (°C) 23.6
Heating Water Entry Temperature (°C) 60.3
Heating Water Exit Temperature (°C) 51.0
Cooling Water Entry Temperature (°C) 23.4
Cooling Water Exit Temperature (°C) 27.3
Expander Shaft Output Torque (Nm) 0.607
Expander Shaft Output Power (W) 176
Expander Shaft Speed (Hz) 46.0
Isopentane Volume Flow Rate (l/min) 14.2
Heating Water Volume Flow Rate (l/s) 0.262
Cooling Water Volume Flow Rate (l/min) 35.1
 Evaporator Pressure Reading (bar abs) 2.30
Condenser Pressure Reading (bar abs) 1.10
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Using these values, the mass flow rate of the heating water can be calculated: 
 
 
 
 
 
 
The heat flow in the evaporator can be calculated now: 
 
 
 
 
An energy balance method can then be applied based upon the heat transfer rate calculated 
above.  It is assumed for this energy balance that there is no heat lost to atmosphere, which is 
based upon the small external surface area of the heat exchanger(s).  The consequence of the 
assumption is that the heat gained by the working fluid is equal to that lost by the heating 
water (as it traverses the heat exchanger) and therefore the heat gained by the working fluid is 
10.0kW. 
 
9.2 Pumping Power Requirement 
The pumping power required to circulate the working fluid can be calculated from the 
recorded test data.  The calculation uses the isopentane property data given in Appendix A9. 
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This shows that the parasitic power draw of the pumping process (28.3W) represents a loss of 
16.1% of the gross power output (176W).  Any inefficiency in the pump and its driver will 
increase this % loss.  
 
9.3 Net Cycle Efficiency 
For the purposes of this investigation, the net cycle efficiency is defined as the net power 
provided by the cycle (gross power out – working fluid pumping requirement) divided by the 
heat input.  As can be noted, this does not take into account the power drain of providing the 
heat source and sink.  This measure allows comparison of cycles on this basis and assumes 
that because of the identical conditions for the heating and cooling sources, their power 
consumption can be neglected.  Using the heat input, the power output and the pumping 
power requirement the net cycle efficiency can be calculated for the experimental TFC rig.  
The net cycle efficiency is: 
 
 
 
 
 
The calculation shows that the TFC experimental rig was able to achieve a net cycle 
efficiency of 1.47% 
 
9.4 Sensible Heat Transfer Confirmation 
One method to verify the type of heating within the „evaporator‟ is to calculate the heat flow 
into the working fluid based upon the measured flow rate and the temperature change.  If the 
value for the isobaric coefficient of specific heat for sensible heating (CP) is used at the mean 
working fluid temperature within the evaporator, this will give the amount of heat required to 
sensibly heat the fluid over the temperature difference.  The value for CP can be taken from 
the fluid properties for isopentane (detailed in Appendix A9) at the average working fluid 
temperature in the evaporator.  The value for the specific volume is sought at the temperature 
at which it traverses the pump (Isopentane Condenser Out), and so the heat required to 
sensibly heat the isopentane is: 
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This figure shows an 8.09% difference from the heat input rate calculated o the water side and 
is accounted for by compounded error.  See Appendix A10.14 for accuracy and resolution 
data for individual sensors.   
 
9.5 Power Drain of Heat Exchangers 
As the TFC experimental rig keeps the source and sink fluids (water) separate from the 
dedicated working fluid (isopentane) it is called a binary type heat engine.  One of the 
requirements for running a binary cycle heat engine is the need to circulate the heat source 
and sink fluids through their heat respective exchangers.  This is a parasitic power draw that 
should be taken into account when analysing the overall net output power of a heat engine of 
this type.  The use of LGH as a heat source, in comparison to a High Grade Heat (HGH) 
source, will require a greater source fluid flow rate to obtain the same quantity of heat flow 
(given the same size heat exchanger) because the HGH source fluid can undergo a larger 
temperature change.  This higher flow rate requirement will, in turn, dictate a need for greater 
pumping power to maintain the higher flow rate.  Heat engines using LGH will have a greater 
parasitic loss from running the source fluid at greater flow rates because of this. 
 
Data provided by the manufacturers pertaining to the pressure losses in the water side of the 
heat exchangers is provided in Appendix A10.1.  The next calculations are provided in order 
to adapt the manufacturer‟s pressure loss calculations to those of the experimental conditions.  
The calculations are based upon developing a ratio of the properties that differ between the 
tests and substituting this into the appropriate equation to solve for the experimental 
conditions (using an incompressible fluid such as water).  The appropriate equation is that 
used to calculate frictional pressure losses from pipe fittings and geometry changes, often 
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referred to simply as the „K‟ factor equation.  From the factory test data, the cooling water 
mass flow rate was 0.500kg/s, average temperature of 17.3ºC and this resulted in a pressure 
drop of 2.86kPa.  The experimental results, for a 60ºC inlet temperature, recorded a cooling 
water volume flow rate of 35.1 l/min with an average temperature of 25.4ºC.  Using the K 
factor equation in the form giving a pressure output: 
 
 
 
 
 
It can be seen from this equation that the variables that change due to the change in 
operational conditions are the flow rate and density.  The density of the fluid at the average 
temperatures were interpolated from Rogers & Mayhew (1995, p. 10) and can be used to find 
a ratio between the tests.  This can then be used to determine an experimental volume flow 
rate thus: 
 
 
 
 
 
 
 
 
 
The ratios of the variables can be calculated from these figures and substituted into the Darcy-
Weisbach equation to calculate the pressure loss experienced during the experimental testing.   
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The calculation shows a pressure drop through the condenser of 3.91kPa during the testing.  
The power consumed due to this pressure loss can be calculated from the product of the 
pressure drop and the volume flow rate. 
 
 
 
 
The calculation shows that even with the increased flow rate for the experimental tests the 
power drain from the cooling water circulation is relatively low at 2.28W.  The same 
calculation can be performed for the hot water flow for the heating source water.  The 
manufacturer lists their test conditions as at a mean temperature of 47.25ºC, 10 l/min volume 
flow rate and a pressure drop of 35kPa.  The power consumption of the heating water flow for 
the experimental conditions is calculated to be 22.6W.  The explanation for heating water 
circulation requiring an order of magnitude greater power can be explained by the geometry 
of the heat exchangers.  The unit used for heating is a smaller unit and has greater flow 
restriction.  This accounts for the higher pressure drop in the „evaporator‟ even with a 
decreased flow in comparison to the condenser.  The resulting power drain for both 
exchangers is 24.8W.  This accounts for 14.2% of the gross shaft power output of the rig 
under the examined conditions assuming pump efficiencies of 100%.  
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9.6 Net Overall TFC Efficiency 
The initial cycle modelling done to model a heat engine rarely takes into account the energy 
needed to pump the heat source and sink fluids in order to simplify calculations and allow 
basic cycle comparisons.  When starting to model heat engines more realistically for a more 
in-depth comparison however, all power requirements should be considered.  In the case of 
the TFC, the parasitic pumping power required for circulating the working fluid has been 
shown to be 16.1% of the expander output power and it can be seen that pumping the heating 
and cooling water consumes 14.2% of the shaft output power.  The combined losses reduce 
the net power output to 122W, when the pumping requirements of the working, source and 
sink fluids are deducted.  With these losses taken into account, the net overall efficiency of 
the TFC rig, as trialled under these conditions, is lowered from 1.47% (on a net cycle basis) to 
1.22% (on an overall basis). 
 
9.7 Comparison with Theoretical TFC Model 
For the purpose of comparing the deviations of the empirical data with that proposed by the 
general theory, the TFC for the conditions found during the 60ºC trials will be modelled.  The 
working fluid properties used in this work pertaining to isopentane were sourced from the US 
National Institute of Standards and Technology (NIST) Standard Reference Database 4: 
Thermophysical Properties of Hydrocarbon Mixtures Database: Version 3.0.  This program 
was chosen because of its ability to generate extensive tables of properties with minimal 
uncertainty by using the most accurate property models currently available (NIST, 2003).  A 
table of the relevant properties of isopentane provided by the program appear in Appendix A9.  
It can be seen that the properties provided by the program for the enthalpy of the fluid are 
negative values.  This is because all enthalpy data for any fluid is given against an arbitrary 
datum.  The datum used for the isopentane properties has dictated that the properties, at the 
temperatures examined, are negative.  As information gained from the cycle calculations are 
differential, the datum subsequently becomes irrelevant (being subtracted from the final 
value). 
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9.8 Theoretical Trilateral Flash Cycle 
Shown in Figure 9.1 and Figure 9.2 are temperature entropy plots for the TFC. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 9.1 - Temperature-entropy plot for a TFC (using isopentane as the working fluid) 
showing also the saturation curves. 
Figure 9.2 - Temperature-entropy plot for a TFC using isopentane as the working fluid 
(increased scale). 
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The cycle analysis begins at the point where the heated, high pressure working fluid leaves 
the evaporator at 55.4°C: 
 
Point 1: 
 
 
 
 
 
Now examining the conditions of the outlet of the expander (and therefore the condenser 
atmosphere) the next phase in the process that needs to be calculated is that of the saturated 
liquid modelled at 30.8°C (303.8K).  Thus the interpolated properties are: 
 
Point 3: 
 
 
 
 
 
 
The properties found for points 1 and 3 allow for the computation of those for point 2.  The 
temperature at this point in the cycle is that of the condenser (i.e. T2 = T3) and it is assumed 
that the rotor / turbine has perfect isentropic efficiency (i.e. s2 = s1).  The relative amounts of 
saturated vapour and liquid need to be calculated and so if the mixture at point 2 contains „x‟ 
amount of vapour: 
 
Point 2: 
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This shows the working fluid at point 2 to contain 16.52% dry saturated vapour with the 
balance remaining saturated liquid.  With this now known, the sum of the enthalpies of the 
components of the mixture at point 2 for the total enthalpy can be found thus: 
 
 
 
 
 
 
 
For the calculation of the properties at point 4, the energy input required for the pump to 
pressurise the saturated liquid up to the evaporator pressure is needed.  As it is assumed that 
there is no pressure loss in the „evaporator‟ (p1 = p4) and thus: 
 
 
 
 
At point 4 the total enthalpy for the sub-cooled liquid becomes: 
 
Point 4: 
 
 
 
 
The amount of work extracted from the working fluid as it passes through the rotor can be 
calculated from the loss of enthalpy in travelling from point 1 to point 2.  The work output is 
then: 
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The net work output can be calculated by deducting the pumping work from the gross 
expander output: 
 
 
 
 
 
The heat input required to drive the TFC can be calculated from the increase in enthalpy of 
the working fluid between point 4 and point 1.  Thus: 
 
 
 
 
 
With the work output and the heat input calculated, the efficiency (ηIdeal) of the „ideal‟ 
Trilateral Flash Cycle (for these conditions) can be found: 
 
 
 
 
 
 
The maximum achievable efficiency (for the conditions used) for TFC heat engine is 3.947%.  
This compares with an efficiency of 7.466% for a Carnot cycle operating under the same 
conditions. 
 
9.9 Comparison of the Empirical and Theoretical Efficiencies  
With the results calculated for a TFC under the same conditions as those found 
experimentally, a comparison can now be made.  The theoretical computations suggest that a 
cycle efficiency of 3.95% is achievable whereas the cycle efficiency of the experimental 
apparatus was 1.47%.  This shows that the rig was only able to achieve 37.1% of that 
theoretically projected for the experienced conditions and with the apparatus used. 
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9.10 Results from Varying the Heat Source Temperature 
9.10.1 Thermal Transfer Results 
The aim of this section is to investigate the TFC experimental rig thermal transfer results in 
isolation.  The results from various Hot Water Entry Temperatures are provided below in 
Table 9.2.  It should be noted (and these are measurements provided later in the document) 
that as the heat transfer rate in the evaporator was increased, so too was the isopentane flow 
rate.  This was done to ensure that there was sensible heating only. 
 
 
 
Test Designation for Hot Water Entry Temperature (°C) 48 55 60 65 75 
Isopentane Evaporator Entry Temperature (°C)  20.4 22.4 24.2 24.5 24.9 
Isopentane Evaporator Exit Temperature (°C)  45.6 51.0 55.4 59.1 65.9 
Isopentane Condenser Entry Temperature (°C)  26.8 28.9 30.8 31.3 32.5 
Isopentane Condenser Exit Temperature (°C)  19.9 21.8 23.6 23.8 24.4 
Heating Water Entry Temperature (°C)  48.6 55.4 60.3 65.2 75.0 
Heating Water Exit Temperature (°C)  42.8 47.4 51.0 54.9 61.9 
Cooling Water Entry Temperature (°C)  19.9 21.8 23.4 23.4 23.4 
Cooling Water Exit Temperature (°C)  22.1 25.0 27.3 27.7 28.8 
Evaporator Pressure Reading (bar abs) 1.70 2.05 2.30 2.55 3.15 
Condenser Reading (bar abs) 1.00 1.00 1.10 1.15 1.20 
 
 
The results give insight into the heat exchangers‟ performance in this application.  As the Hot 
Water Inlet Temperature was increased, the temperature difference between the Hot Water 
Inlet Temperature and the Isopentane Evaporator Exit Temperature increased at a rising rate.  
This indicates shows that heat transfer could be improved by using a larger heat exchanger for 
the „evaporator‟.  A chart of the isopentane evaporator outlet temperature as a function of 
source temperature is shown in Figure 9.3.  Examining the condenser, the same effect cannot 
be seen.  The cooling ability of the condenser could even be considered over sized as the 
isopentane leaves the condenser sub-cooled and at the cooling water inlet temperature. 
 
Table 9.2 - Thermal transfer results for varied Hot Water Entry Temperature. 
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9.10.2 Results and Calculations for TFC Efficiency 
The experimental results for the examined range of operating conditions are provided in Table 
9.3.  Also included in the table are the calculated values, pertaining to the efficiency of the rig, 
which have been calculated identically to those for the test detailed in Section 9.3 and using 
the fluid properties found in Appendix A9.   
 
 
 
 
 
 
 
Figure 9.3 - Isopentane Evaporator Exit Temperature as a function of Heating Water 
Entry Temperature. 
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Test Designation for Hot Water Entry Temperature (°C) 48 55 60 65 75 
Pressure Ratio  1.70 2.05 2.09 2.22 2.63 
Expander Shaft Output Torque (Nm) 0.380 0.464 0.607 0.713 0.896 
Expander Shaft Output Power (W) 64.8 127.8 175.5 224.4 387.9 
Expander Shaft Speed (Hz) 27.1 43.8 46.0 50.0 68.9 
Isopentane Volume Flow Rate (l/min) 9.71 12.5 14.2 13.8 14.2 
Evaporator Hear Transfer (W) 6408 8587 10045 11147 14213 
Pumping Power From recorded Flow Rate (W) 11.3 21.9 28.3 32.1 46.2 
Net Cycle Output (W) 53.5 106 147 192 342 
Pump Parasitic Loss as Percentage of Gross Cycle Output (%) 17.5 17.2 16.1 14.3 11.9 
Net Cycle Efficiency (%) 0.834 1.23 1.47 1.73 2.40 
Heating Water Volume Flow Rate (l/s) 0.268 0.26 0.262 0.262 0.265 
Cooling Water Volume Flow Rate (l/min) 35.0 35.0 35.1 36.1 36.1 
Pumping Power Required for Supplying Source and Sink Fluids (W) 24.8 24.8 24.8 24.8 24.8 
Pumping Power Requirement as Portion of Gross Output (%) 38.3 19.4 14.2 11.1 6.40 
Net Overall Power Output (W) 28.63 81.03 122 167 317 
Net Overall Efficiency (%) 0.447 0.944 1.22 1.50 2.23 
 
 
 
The results show an increasing pressure ratio with increasing hot water source temperatures as 
is expected from the apparatus.  There is also a significant trend in the results, again expected, 
for increasing output power and net cycle efficiency as the heat source temperature is 
increased.  For this analysis, the power consumed by the source and sink fluids is considered 
to be the same for all tests.  This assumption was made because the differences in the source 
and sink conditions as regards the effect on required pumping power are insignificant and thus 
able to be neglected.  Using this value for the parasitic load, the net overall efficiency has 
been calculated and also shows an increase for an increased source inlet temperature.   
 
 
 
 
 
Table 9.3 - Table of TFC results and calculations pertaining to gross and net power output. 
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A plot of the TFC rig efficiencies from the experimental results as a function of the peak 
temperature of the working fluid is shown in Figure 9.4.  It displays a clear trend of increasing 
conversion efficiency with increasing isopentane evaporator exit temperature for both the 
cycle and overall efficiency calculations.  Also noticeable from the chart is the decrease in the 
relative difference in the overall efficiency achieved when compared to the cycle efficiency.  
This shows an increasing work ratio for an increased isopentane „evaporator‟ exit temperature 
as the overall efficiency approaches the cycle efficiency. 
 
9.10.3 Confirmation of Sensible Heat Flow 
For each of the tests, the sight glasses were used to observe the flow and confirmed that the 
flow of working fluid into the expander was liquid.  For the purpose of validating these 
observations, the heat input required to achieve sensible heat transfer within the heat 
Figure 9.4 - Chart of TFC experimental rig efficiency for increasing Isopentane 
Evaporator Exit Temperature. 
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exchangers has been calculated (through the detailed analysis performed) and is presented in 
Table 9.4.  It shows the theoretical heat required for sensible heat flow matches that calculated 
from the empirical results to within -0.686% to 8.09%.  The heat transfer rates and percentage 
difference are considered to be within an acceptable range for error. 
 
Test Designation for Hot Water Entry Temperature (°C) 48 55 60 65 75 
Evaporator Hear Transfer (W) 6408 8587 10045 11147 14213 
Evaporator Heat Transfer Rate Required for Sensible 
Transfer (W) 5889 8760 10735 11612 14311 
Heat Transfer Calculations Difference (%) 8.09 -2.00 -6.86 -4.16 -0.686 
 
9.10.4 Comparison of Empirical to Theoretical Results 
The cycle parameters for a theoretical TFC have been calculated, using the same method as in 
Section 9.7, and are presented in Table 9.5. 
 
Test Designation for Hot Water Entry Temperature (°C) 48 55 60 65 75 
Evaporator Pressure from Theoretical Analysis (bar abs) 1.79 2.10 2.38 2.64 3.18 
Condenser Pressure from Theoretical Analysis (bar abs) 0.968 1.04 1.11 1.13 1.18 
Pressure Ratio Pressure from Theoretical Analysis 1.84 2.02 2.14 2.33 2.70 
Ideal Net Cycle Efficiency from Theoretical Analysis (%) 2.99 3.55 3.95 4.32 5.11 
Portion of Ideal Net Cycle Efficiency Attained During Experiment 
(%) 27.9 34.7 37.1 40.0 47.1 
 
The trends displayed in Table 9.5 show increasing efficiency, evaporator pressure and 
pressure ratio for an increased isopentane evaporator exit temperature.  This is the outcome 
predicted by basic theory.  What is also evident from the results is the increasing net cycle 
efficiency of the experimental results when compared to the theoretical results.  This is shown 
in Figure 9.5.  This trend is most likely attributable to the operational characteristics of the 
expander.  The increased pressure ratio is likely to suit the geometry of the screws and porting 
and thus be the cause of the relative increase in efficiency. 
 
Table 9.4 - Heat transfer calculations for sensible seat flow calculated from 
empirical and theoretical results. 
Table 9.5 - Theoretical results of the TFC for identical conditions to the experimental tests. 
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9.11 Discussion of Overall TFC Project Results 
When considering the overall performance of the TFC experimental apparatus it can be 
contended the results suggest that significantly more of the ideal efficiency could be achieved 
by the use of improved apparatus.  The theoretical analysis of the TFC provided in Section 
3.10 shows the benefits of the overall conversion efficiency of the TFC when using a perfect 
heat exchanger.  The increasing temperature difference between the Hot Water Inlet 
Temperature and the Isopentane Evaporator Exit Temperature evaporator with increased 
source fluid temperatures shows that considerable improvement could be made in the heat 
transfer when operating under these conditions.  Increased heat transfer (for a given working 
fluid flow rate) would result in an increased isopentane „evaporator‟ exit temperature and 
therefore achievable operating pressure (provided the feed pump can deliver to higher 
pressure).  As has been seen from the trends in the results, this would result in an increase in 
conversion efficiency of the cycle.  The increased heat flow and higher operating pressure 
ratio would obviously compound to increase the amount of overall conversion efficiency of 
Figure 9.5 - Plot of net cycle efficiency as a function of Isopentane Evaporator Exit 
Temperature. 
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the available heat source energy to work output.  This would, of course, come at extra expense 
but this may be balanced by the increased output.  Another gain that can be made with 
improving the performance of the heat exchangers is in reducing the power consumed by 
circulating the source and sink fluids through them.    
 
When specifically examining the condensing during the experimentation, the sub-cooling of 
the working fluid can be seen to be detrimental to the overall efficiency of the system.  The 
working fluid is becoming sub-cooled because of the inability of the selected condenser to 
adequately deal with the two-phase flow experienced during experimentation.  There is scope 
to improve the efficiency of the system by alleviating this problem either by altering the 
method of heat exchange used here or by increasing the amount of vapour produced during 
the expansion phase. 
 
When examining the characteristics of the expander during the range of tests, it can be 
concluded that the greatest improvement to the output power and efficiency of the 
experimental rig could be made by altering the expander.  The small deviations in the 
expected pressures at the various cycle points show that the losses are not caused by any 
pressure losses within the piping system or the heat exchangers.  The trend of increasing 
power output and efficiency seen with increasing the pressure ratio, without recording a peak, 
indicates that improvement could be made by matching the operational characteristics of the 
expander (such as pressure ratio and speed) to the exact conditions of the cycle.  This was 
deemed to be beyond the scope of the rationale of this TFC research which was based upon 
using pre-manufactured components to reduce costs, however there is clearly scope here for 
further research. 
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10 CONCLUSIONS AND RECOMMENDATIONS FOR THE 
TFC PROJECT 
As stated during the examination of the results, the greatest improvement of the system would 
come from improvement of the expander used in the TFC.  The results are promising in 
regard to the potential for the development of an expander that takes advantage of the very 
large volumetric expansion ratio of a working fluid of this type during flashing.  A dual result 
could be sought from the improvement.  The improvement of the power output would be the 
main goal of a redesign but if more of the fluid flashed during expansion, the use of 
conventional, and therefore already mass produced, condensers could reduce overall costs of 
the apparatus.  Rethinking the appropriateness of the use of screw expanders for the TFC 
should be considered as the trials of other configurations may prove more favourable for this 
type of application.  Of interest would be the Wankel type expander, because of the ease of 
machining.  The use of nozzles, tailored to the exact cycle conditions would also be 
advantageous and would be easy to manufacture.  The nozzle concept could be applied in 
numerous ways, all of them currently used for other applications, such as for an impulse or 
reaction turbine. 
 
As evident from basic theory, improvement in the heat exchange between the working fluid 
and the source and sink fluids would improve the performance of any TFC rig.  The balance 
between cost and performance for the heat exchange is an important one for keeping the cost 
of any heat engine down and for the application of the TFC to the use of LGH.  Not only is 
the thermal transfer important as with any application, but the required increased flow of the 
working, source and sink fluids makes these parts of the TFC apparatus a significant influence 
on the overall net output and efficiency.  The sensible heat flow in the „evaporator‟ may lend 
itself to using a less expensive method of heat exchange than the unit used for the current 
experimental apparatus.  The heat exchanger for the heat sink may perform better if the two 
phase flow is separated and treated separately.  If this could be done effectively, within cost 
constraints, there is the possibility of lowering the condenser pressure or reducing the amount 
of heat input in the evaporator for the same cycle power output conditions (thus increasing 
efficiency).  
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11 RECOMMENDATIONS FOR FURTHER WORK 
This research has examined two approaches to converting low grade heat (here defined as 
below 80°C) into electricity which have yielded quite different apparatus and results.  The 
gross output power for the differing machines was approximately equivalent while the TSR 
Mk V consumed an order of magnitude greater heat than the TFC to reach this output.  This, 
of course, gives the TFC rig an order of magnitude greater efficiency of conversion.  Many 
improvements can be made to the current experimental setup to increase the power output and 
the efficiency of conversion. 
 
As stated in Section 7 and Section 10 the improvement which would prove most beneficial to 
increasing the power output and efficiency of either rig would come from improving the 
extraction of mechanical power from the working fluid.  The poor performance of the TSR 
rotor can largely be attributed to the design emphasis on minimising its manufacturing cost 
and this has resulted in the efficiency being lowered for the TSR Mk V in comparison to the 
Mk IV.  When examining the performance of the TFC, the use of a purpose built expander for 
the rig would also see a significant increase in output power and efficiency, but would also 
increase costs.  The goal for any piece of electrical generation equipment is to produce the 
power at minimum cost per unit of electricity produced.  As with any improvement path for a 
piece of apparatus, there comes a point where the diminishing returns of improvement to 
performance will result in the cost of the electricity starting to increase.  As the rotor of the 
TSR is very poor at extracting the mechanical energy from the working fluid, this point is far 
from being reached.  Much improvement could be made in the aerodynamic profile of the 
rotor arms; more improvement could be gained by doing away with the unshielded rotor arms 
and employing one of a wide number of more aerodynamically efficient rotor alternatives. 
 
If the reaction turbine setup is to be retained (as is suggested by Nguyen 1995) in preference 
to an impulse turbine then reverting to the sandwich-plate concept as used on the TSR Mk IV 
would seem advantageous.  The form drag of the current rotor design is eliminated although 
there is a significant increase in skin drag.  The reduction in frontal drag will reduce the 
aerodynamic losses even though there is an increase in skin drag friction as frontal drag is far 
more detrimental.  Although trial units could operate under varying conditions, if one single 
set of operating conditions was designed for, the losses experienced by the unit could be 
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minimised.  This would be done by tailoring the vapour channelling within the rotor disc to a 
specific volume flow rate and rotational speed.  Computational fluid dynamics programs can 
be used to design the flow path so that the vapour experiences minimal losses when travelling 
from the central hub to one of the many outlet nozzles which would be employed.  The fluid 
dynamics program could also explore the effect of fins in the condenser which possibly could 
be used to improve the efficiency of the rotor by eliminating any unwanted and unhelpful 
flow regimes in the condenser affecting flow out of the rotor.  This concept is based upon the 
success seen in employing internal fins in aeronautical turbine engines. 
 
The inexpensive nature of nozzles for applications such as the TSR is also attractive.  The 
main development path would come initially involve installing the nozzles not in a working 
TSR unit but in a stand alone bench test unit.  Multiple designs of nozzle sizes and 
configurations could be examined (at minimal expense) to extract the maximum power from 
the working fluid at various flow rates and pressures.  This would be an inexpensive method 
of nozzle development to alleviate the problems encountered with the nozzles used in the TSR 
Mk V. 
 
The requirement for a high level of vacuum to be held in the TSR is a major contribution to 
the capital cost of the machine and may contribute to ongoing maintenance costs.  The shell of 
any TSR of significant size must be able to resist buckling induced by the vessel holding 
vacuum.  Also, for holding high vacuum levels, a relatively high level of precision machining 
is required as mating surfaces require sealing of a very high standard.  Although production 
units of a TSR generation unit would only need to have vacuum drawn on them once during 
commissioning (and thus eliminate the need for individual units requiring their own vacuum 
pumps) the requirement to hold vacuum until decommissioned would require extensive and 
expensive machining and sealing.  Should the TSR leak, the non-condensable gases would 
prevent the machine from operating at the design temperatures and may even halt operation 
altogether.   
 
The TSR has an intrinsic design conflict.  The mechanical power is provided inside the 
condenser and must be transported to the outside of the machine.  The current method 
employed is to convert the mechanical energy into electrical energy and then have the wires 
pass though small, easily sealable, exit ports.  This has the consequence of placing the 
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generator in a particularly harsh atmosphere of saturated steam under vacuum.  Some 
generators are designed to be impervious to environmental attack but come with significantly 
increased cost.  Another solution would be to have mechanical power delivered through the 
TSR shell and be available for conversion outside the vacuum vessel.  This could be done 
with a physical shaft although this would require a high level of sealing or perhaps 
alternatively by a non-contact method such as a magnetic coupling.  Such a magnetic coupling 
could prove the most advantageous as it would leave one moving part inside the TSR, allow 
for less expensive sealing and place the generator outside in a less harsh environment and 
where it could be easily maintained. 
 
When examining and comparing the working fluids used for each piece of apparatus, water 
has many obvious advantages over hydrocarbons such as isopentane.  The low cost, easy 
availability and lack of environmental hazards make water very appealing.  Its use in heat 
engines aimed at LGH does require a high vacuum level and this entails extra costs for the 
reasons just explored.  The pressure experienced by the TFC using isopentane require lower 
construction cost and maintenance of seals as they are under considerably less operational 
stress compared to those in the TSR.  The use of a working fluid like isopentane allows the 
pressure ratio across the expander to be much higher in comparison to the TSR.  Isopentane 
and other hydrocarbon working fluids are far superior to the ozone depleting working fluids 
they replaced (such as R123) but they do have a potential to add to the „greenhouse‟ gases that 
have accumulated in the atmosphere.  Even though the performance of isopentane in this 
study has proven to be far superior to that of water, regard must be paid to the potential 
catastrophic problems that a continued build up of greenhouse gases poses. 
 
In reviewing the results of the performance of the TFC rig, it can be seen that improvement 
could be made in the condensing of the working fluid.  The condensing could be enhanced by 
the use of more purpose built equipment.  The condenser used in the experiments was a 
standard production unit tested for condensing 100% vapour R123 into liquid.  During the 
experimentation carried out, a two-phase mixture (with the vast majority being liquid) left the 
TFC expander and was processed by the condenser.  If the phases could be separated for 
individual treatment, two advantages could be gained.  The first advantage would come from 
reducing the liquid coating on the heat exchange surfaces that acts as an added heat transfer 
barrier.  The removal would see a lowering of the thermal resistance in the condenser and 
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therefore an increase in its performance.  It is thought that the treating of a mixture of liquid 
and vapour together results in some subcooling of the liquid.  The second advantage gained 
by separating the phases would come from the alleviation of this subcooling.  Without the 
subcooling of the liquid, less heat would be rejected to the cooling water and therefore a lesser 
heat input would be needed to achieve the same Isopentane Evaporator Exit Temperature.  
This would, obviously, improve the efficiency of conversion of the unit as it would require 
less heat to have the same power output.   
 
Another method of improving the condensing in the TFC could come from an expander which 
flashed the entire liquid volume into vapour as it traversed the expander (or as close as is 
practicable).  The flashing of large volumes is theoretically possible with a working fluid such 
as isopentane although if isopentane is used, a higher source temperature is required for this to 
happen.  This would ensure the condenser would have less condensate on its surfaces and 
therefore less thermal resistance.  This would improve the performance of the condenser up to 
its design specifications. 
 
Leakage of high pressure fluid through the expander seals to the pressure inside the TFC 
condenser should also be minimised.  The working fluid that bypasses the expansion process 
will obviously be heated liquid working fluid and raise the pressure in the condenser without 
beneficial effect.  Hanjalic & Stosic, in their investigation of screw compressors, found 
internal leakage to be up to 40% of the bulk discharge flow (1997, p. 664).  Levels of leakage 
that high reduce the efficiency of the expander considerably and this is an obvious source of 
improvement.  While, for this research into the TFC, alterations were made to the expander 
that reduced the internal bypass, it could have been lowered further.  The choice of apparatus 
used will have an effect upon the rate of internal leakage experienced.  Expanders with a high 
degree of machining precision can operate with minimal clearances and, if the thermal 
expansion is known, without the possibility of clash.  The use of soft seals would also 
contribute to an improvement.   
 
Overall the two systems of LGH conversion to electricity show great potential and can be 
progressed greatly by further research. 
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A1 CONDENSER COIL HEAT TRANSFER CONFIRMING 
CALCULATIONS 
During the development of the TSR Mk V it was decided to increase the volume flow-rate of 
the cooling water in order to increase cooling and lower the condensing temperature.  To 
determine whether the proposed increased flow-rate (through the condenser coils) could 
deliver the expected gains, a theoretical heat exchange analysis was performed and is 
presented below.  The analysis is based upon the design requirements for a 100 kW heat 
transfer rate.  It is assumed that the full 100kW is transferred from the coils as this represents 
the maximum design loading.  The inlet temperature and volume flow rate used to model the 
cooling water were those found to be available in the laboratory housing the TSR Mk V.   
 
One method used to calculate the heat transfer rate involves calculating the overall thermal 
resistance and solving for the maximum possible heat transfer rate for a given driving 
temperature difference (TD).  The analysis is based upon the equation relating heat flow, total 
thermal resistance and the log mean temperature difference (LMTD): 
 
 
 
The overall resistance is the summation of the individual thermal resistances occurring in 
series between the cooling water and the condensing steam.  The individual resistances are 
calculated separately, using heat exchange coefficients applicable to the thermal processes 
and physical construction at the point being examined.  It is instructive to graphically 
visualise each of the contributing thermal resistances in series and this is shown in Figure A 
1.1. 
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In these calculations, the following is assumed: steady state operation; pure water is being 
used; the copper used for the coils is homogenous and isotropic; the coils have negligible 
fouling on the outside surface; radiation heat transfer may be neglected due to the small 
temperature differences; due to the header system for the coils, the internal flow is fully 
turbulent (without transition) throughout the coils; the heat transfer in the headers may be 
neglected as insignificant due to their short length in comparison to the coils; the saturated 
steam flows predominantly vertically from the rotor nozzles (below) towards the coils 
(above); the wound horizontal coils can be modelled as horizontal tube bundles; the condenser 
is under constant pressure during condensing; the cooling water is under constant pressure.  
Where appropriate, average conditions are used to evaluate the properties for steam or other 
materials.   
 
The thermal performance of the condensing coils is dependent upon a number of variables 
including the volume flow rate and inlet temperature of the cooling water.  For all of the 
experiments, the volume flow rate of the cooling water was set to maximum (3.0 l/s) as this is 
an easily controllable variable.  The inlet temperature of the cooling water is not so easily 
controlled and varies seasonally with its maximum occurring at the peak of summer.  This 
maximum inlet temperature marks the conditions for which the heat transfer performance of 
the condensing coils will be a minimum.  To ascertain the minimum performance of the coils, 
the maximum expected inlet temperature (25ºC) is used for these calculations.  This ensures 
that, under more favourable conditions, the TSR will be able to perform beyond this minimum.  
Figure A 1.1 - Schematic representation of temperatures and thermal resistances for the condenser coils. 
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Using the chosen flow rate and inlet temperature the exit temperature of the cooling water can 
be calculated from the heat flow into it, and thus the subsequent rise in temperature of the 
fluid.  The heat flow into the cooling water is calculated by applying an energy balance and 
this is the first step in calculating the overall thermal resistance of the design.   
 
The properties of the condensing cooling water are first taken at the inlet temperature to get 
preliminary values.  An iterative process is then used until a final, accurate figure is generated.  
The property values for saturated water can be used with good accuracy for sub-cooled water 
(Rogers & Mayhew 1995, p. 10) and at 25°C using Rogers & Mayhew (1995, p. 10): 
 
 
 
 
Using these values, the mass flow rate of the cooling water can be calculated: 
 
 
 
 
 
An energy balance method is now to be applied based upon the mass flow rate calculated 
above.  As the heat lost by the condensing steam must be equal to the heat gained by the 
cooling water: 
 
 
 
 
 
 
The cooling water outlet temperature (TCooling Water, Out) would then be: 
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Interpolation can then be used to determine the properties of the cooling water at its mean 
temperature (TCooling Water, Mean) and then used in a further iteration: 
 
 
 
Rounding the TCooling Water, Mean temperature to four significant figures for interpolation: 
 
 
 
 
 
 
 
 
 
 
 
Using these interpolated values for further iteration: 
 
 
 
 
 
 
 
 
 
Further iterations need not be performed (as no change in the value can be seen between 
iterations) at this number of significant figures.  The cooling water outlet temperature (TCooling 
Water, Out) would then be: 
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When this outlet temperature is used to calculate the mean cooling water temperature (TCooling 
Water, Mean) to four significant figures, no change can be seen between iterations thus marking 
the maximum accuracy at this level of precision. 
 
 
 
 
If the thermal resistance of the cooling water is examined first, the average convection 
coefficient for the inside of the tube is to be ascertained.  The mean velocity of the cooling 
water and then the Reynold‟s Number (Re) must be calculated to select the correct convection 
equation for the flow regime.  Thus: 
 
 
 
 
 
 
The condenser water in each coil has a mean velocity of 2.984 ms
-1
 and according to 
ASHRAE Systems and Equipment Handbook (2000, p.35.2) the velocity should fall between 
1 and 3 m/s.  This is due to the extra fouling encountered (with an inadequate velocity) and 
the ability of the water to damage piping (with excessive velocities).  The internal flow of the 
coils obviously meets this requirement. 
 
Finding the Reynold‟s Number requires the following properties to be determined at the mean 
temperature of the cooling water (302K).  Using the tables in Incropera & DeWitt (1996, p. 
846): 
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This shows that the flow through each condenser coil is turbulent (i.e. Re >> 2000).  Due to 
the high Reynold‟s number and the fact that the cooling water enters the individual coils from 
a header, the flow can also be considered fully developed for the entire length of the coil.  
From Avallone & Baumeister (1996, p. 3-48) the roughness height for commercially available 
copper tube of this type can be taken as 0.0015mm.  For the 16mm ID tube, the relative 
roughness is: 
 
 
 
Using this relative roughness and a Reynold‟s number of 5.796x104, the friction factor (f) is 
0.0206 reading from a Moody Diagram (Incropera & DeWitt 1996, p. 425).  For calculating 
the Nusselt number pertaining to the cooling water convection coefficient with a high level of 
accuracy, Incropera & DeWitt (1996, p. 446) recommend the use of the Gnielinski correlation.  
It can be seen below: 
 
 
 
 
 
Gnielinski developed this correlation using the properties for a mean temperature and for use 
between: 
 
 
 
These conditions can be seen to be satisfied and so the Gnielinski correlation can be 
appropriately used.  The relationship between the Nusselt number and the convection 
coefficient is: 
 
 
Rearranging this equation to put the convection coefficient as the subject: 
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The value of the internal convection coefficient of the cooling water flow will allow the 
thermal resistance of the internal convection to be calculated and this is presented later. 
When calculating the external convection coefficient for the condensing steam, the saturation 
temperature at which this process is occurring is required.  An estimate of the condensing 
temperature is often generated by using the water in the condensing coils as a reference.  
Using empirical observations, a saturation temperature for the condensing steam is taken to be 
38°C.  From other theoretical work done by the author, this is not an unreasonable estimate as 
it represents a 5°C difference between the condensing steam and the cooling water at exit.   
 
 
 
 
In order to accurately calculate the heat flow to the condenser using this method, LMTD must 
be known.  This is due to the cooling water within the heat exchanger having a reducing rate 
of temperature increase as it traverses the heat exchanger and not a linear temperature change.  
This can be seen in the chart plotting the change in temperature as a function of area traversed 
(equivalent to position) in Figure A 1.2. 
 
 
 
 
 
 
 
 
Figure A 1.2 - Diagram of Fluid Temperatures within the 
Condensing Coils as a Function of Area Traversed. 
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The LMTD can be calculated from: 
 
 
 
 
 
 
With the desired condenser saturation temperature and the LMTD now known, the properties 
of the steam vapour can be calculated and this has been done using Incropera & Dewitt (1996, 
p. 846) below.  To improve the accuracy of the convection coefficient calculations, the 
properties of the condensed liquid should be calculated at the film temperature (TFilm).  This is 
defined as the linear mean temperature between the outside surface of the condensing coils 
(TSurface, Outer) and the saturation temperature (TSteam).  A useful rule of thumb is to start by 
assigning (TSteam - TSurface, Outer) as 2/3 of the LMTD (2/3 x 8.372 = 5.582°C) and subsequently 
iterating to improve this estimate.  Thus: 
 
 
 
 
For the properties of the vapour calculated at the saturation temperature: 
 
 
 
 
 
At TFilm (308.2K) the properties of the liquid condensate are: 
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Incropera & DeWitt (1996, p. 559) quote Rohsenow‟s recommendation to modify hfg to allow 
for the effects of thermal advection.  This modified latent heat of vaporisation (h‟fg) can be 
found by:  
 
 
 
The Jacob number (Ja) can be used to estimate the accuracy of correlations used for 
calculating the condensing convection coefficient.  It is calculated: 
 
 
 
 
When calculating the condensing convection coefficient for very low values of Ja (such as 
0.01), a very low error is found when using the equation (Incropera & DeWitt 1996, p. 565): 
 
 
 
 
where N represents the number of horizontal tubes in a vertical „row‟.  Assuming that due to 
the condensate drainage over the coils, the number of tubes is 5: 
 
 
 
 
With the condensing convection coefficient known, the only remaining unknown components 
of the overall thermal resistance are the mean thermal conductivity of the copper tubing itself 
and the fouling on the cooling water side.  This thermal conductivity can be interpolated from 
Incropera & DeWitt (1996, p. 827) and here is done for the outside surface temperature: 
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A value for the resistance of the cooling water due to the fouling on the inside of the 
condenser coils must be found.  An appropriate value for the fouling resistance of the 
condenser cooling water was found in Rohsenow et al. (1998, p.17.148) and is 1.75x10
-4
 
m
2
K/W for the type, temperature and flow-rate of the cooling water used.  
 
The overall thermal resistance can now be calculated: 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
With the total resistance now known, the proportion of the external condensate film resistance 
within the total resistance can be determined.  This will allow the outside surface temperature 
of the copper tubing to be calculated and then compared against the assumed value entered 
earlier in the iteration. 
 
 
 
Therefore the outside surface temperature can be calculated: 
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 This compares to the first iteration using the assumed surface temperature (TSurface, Outer) of 
32.42°C.  The calculation can now be made more accurate by substituting the newly 
calculated outside surface temperature into the equations for the condensation convection 
coefficient and the properties of the condensate. 
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Using this process for a further 5 iterations, the accuracy of the assumption for the 
temperature difference between the saturated steam and the outside surface temperature of the 
copper tubing can be calculated to 4 significant figures.  In the 6
th
 iteration the calculations 
are: 
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Now that the ratio of the resistances and the outside surface temperatures agree to four 
significant figures, the thermal ability of the condenser can finally be calculated. 
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The result of 112kW shows that the condenser has adequate cooling capacity for the 
conditions modelled.  This shows that increasing the flow-rate of the cooling water to 3l/s is 
likely to have the coils function as required by the design.  There is the risk that if the coils 
experience more significant fouling or if the assumptions made for generating the external 
convection model under-estimate this thermal resistance, then the condenser may not provide 
the required 100kW of cooling with the desired low value of LMTD. 
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A2 AS 1210-1997 PRESSURE VESSEL CODE 
 
Clause 1.3 of the pressure vessel code AS1210-1997 requires that the pressure vessel be 
certified under the code because, as the position on figure 1.3.2 shows, the dimensions of each 
section of the TSR falls above the line. 
 
Clause 3.9 covers the design of vessels subject to external pressure and vacuum.  This clause 
states that minimum wall thickness shall be no less than that determined by this clause.  The 
clause takes into account the design pressure, vessel dimensions, construction, service and the 
materials used. 
 
Clause 3.9.3 covers cylindrical shells with butt welded joints. 
 
3.9.3 (i) 
From equation 3.9.3 (1) the circumferential strain (Aa) is found from one of the following 
equations: 
 
 
 
 
 
 
and equation 3.9.3 (2): 
 
 
 
 
 
 
 
A conservative value of Aa may be taken as the greater of the two from the proceeding 
equations 
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2.292x10
-4
 > 2.723x10
-5
  therefore Aa = 2.292x10
-4 
 
 
Equation 3.9.3 (5) determines the theoretical value of the pressure required to elastically 
buckle the shell: 
 
 
 
 
 
 
Equation 3.9.3 (6) determines the theoretical value of the pressure required to plastically 
buckle the shell: 
 
 
 
 
 
 
As Pe ≤ Py, (ie 0.4494 ≤ 1.044) equation 3.9.3 (7) is used to determine the maximum 
permissible calculation pressure for the assumed value of t: 
 
 
 
 
 
This shows that the maximum permissible external pressure for a 5mm wall thickness using 
the materials and construction selected for the temperature of service selected, a design 
pressure of 0.101 MPa is acceptable as it does not exceed the maximum permissible 
calculation pressure (ie 0.101 < 0.1498) 
 
This shows the TSR sections pass the newest design code in relation to pressure vessels. 
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A3 ANALYSIS OF TSR HEAT LOSS TO ATMOSPHERE 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
It is useful to know how much heat an uninsulated thermosyphon, like the TSR, loses to the 
atmosphere.  This then allows a judgement to be made on how much thermal insulation is 
required.  During this analysis, it is assumed that the condenser section of the TSR gives off a 
negligible amount of heat in comparison to the evaporator section.  This is due to its length 
being less than a third that of the evaporator and condenser as well as the significantly lower 
internal (and therefore external) temperatures as compared to that of the atmosphere.  For 
these reasons, the condenser section can be neglected for this analysis without introducing 
unacceptable error in the calculations.  It is assumed that the shell of the evaporator and 
adiabatic sections can be treated as one isothermal surface and also that there is no heat lost 
through the concrete support slab at the base.  It is assumed that the inside surface temperature 
of the thermosyphon is 60°C, which is not unreasonable from empirical observations.  The 
dimensions are given in Figure A 3.1. 
 
Figure A 3.1 - Representation of the TSR Mk V 
evaporator and adiabatic sections (dimensions in 
millimetres). 
TAtm 
TSurface 
RadiationQ
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The three thermal resistances considered can be seen in Figure A3.2.  These are the 
conduction through the shell and the natural convection resistance and radiation resistance 
between the outer surface and the atmosphere and surrounds.  The resistance of the mild steel 
shell is dealt with first and the thermal conductivity of the material is: 
 
kSteel 300K -= 60.5 W/mK   and   kSteel 400K = 56.7 W/mK 
 
 
 
 
 
The thermal resistance of the conduction through the shell is then: 
 
 
 
 
 
 
When dealing with the thermal resistance due to the natural convection on the outside of the 
TSR, it is useful to know (for selecting the most accurate modelling equation) if the flow is 
Figure A 3.2 - Schematic Representation of Temperatures and Thermal Resistances at 
Points Throughout the TSR Shell. 
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laminar or turbulent.  The transition to turbulent flow occurs when the Rayleigh number (Ra) 
≈ 109 during natural convection.  For these calculations, the outside surface temperature is 
assumed to be approximately equal to the inside surface temperature of 60ºC (this assumption 
will be tested at the end of the calculations).  The Rayleigh number can be calculated using 
the following properties at the mean air temperature between the surface and the atmosphere: 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The volumetric thermal expansion coefficient can be calculated from the mean air 
temperature and this allows the Rayleigh number then calculated thus: 
 
 
 
 
 
 
As can be seen from the previous result, the natural convection can be modelled as turbulent 
and so appropriate relations for that flow regime are to be applied.  For the purpose of these 
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selections, the Grashof number (being the ratio of buoyancy to viscous forces) needs to be 
calculated at TMean.   
 
 
 
 
 
 
The modelling of the natural convection of vertical cylinders can allow for the use of an 
equation derived for vertically oriented flat plates (Incropera & DeWitt 1996, p. 494).  This is 
only true if: 
 
 
 
 
 
 
 
 
As the above relationship is easily proved, the correlation recommended by Churchill and 
Chu (Incropera & DeWitt, 1996 p. 493) can be used to find the Nusselt number.   
 
 
 
 
 
 
 
 
 
 
The Nusselt number is now known.  When the thermal conductivity of the air (at TMean) is also 
known, the convection coefficient can be calculated using: 
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The thermal resistance of the natural convection is then: 
 
 
 
 
 
In quantifying the heat loss due to radiation, the radiation heat transfer coefficient can be 
worked out from the linearised radiation heat rate equation in the form: 
 
If the emissivety (ε) of the brown paint can be taken as 0.95 (interpolated from Incropera & 
DeWitt 1996, p. 852) and if the Stefan-Boltzmann Constant (σ) is taken as 5.670x10-8 
W/m
2
K
4
 then the radiation heat transfer coefficient becomes: 
 
 
 
 
The thermal resistance due to the radiation is then: 
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The total thermal resistance, using the addition laws relating to series and parallel resistances, 
then follows from: 
 
The heat flow to the atmosphere is then: 
 
 
 
 
 
For this analysis, the outside surface temperature was assumed to be approximately 60°C.  
This will only be true if the conduction resistance is insignificant.  As a check, the thermal 
conduction resistance calculation can be used to confirm the outside surface temperature 
using the heat loss rate generated.  Thus, the outside surface temperature is: 
 
 
 
 
This shows, to three significant figures, the negligible difference in the inner and outer surface 
temperatures of the TSR.  It also shows that the heat loss to the atmosphere from the adiabatic 
and evaporator sections is 3.28 kW and represents an approximate 3% of the thermal energy 
input of the TSR. 
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A4 CALCULATION OF THE THERMAL VARIATION THE 
TSR MK V 
 
The calculations below demonstrate that there is a negligible temperature difference along the 
length of the TSR‟s evaporator and adiabatic sections. 
 
 
  TEvaporator = 60C,    being the evaporator temperature. 
 
  L = 2.70 m,  being the vertical length of the thermosyphon. 
 
  D = 0.990 m,  being the internal diameter of the thermosyphon. 
 
Q = 100 kW, being the heat transferred from the heating coils to the 
working fluid in the evaporator. 
 
 
 
Unless otherwise stated, data is taken for 60C (333K) from Rogers & Mayhew (1995, pp.2-
10): 
 
PSaturation = 19,920 Pa at 60C 
vg = 7.678 m
3
/kg at 60C 
hfg = 2357.9 kJ/kg at 60C 
μg = 10.6x10
-6
 kg/m.s at 60°C 
PSaturation = 15,740 Pa at 55C 
 
The mass flow rate of the working fluid vapour can be calculated thus: 
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There are two pressure losses occurring within the thermosyphon during its operation.  
Dealing firstly with the pressure loss due to gravity in the (vertically oriented) thermosyphon: 
 
 
Secondly, the pressure loss due to internal friction needs to be dealt with.  The mean velocity 
of the working fluid must be calculated first: 
 
 
The Reynold‟s number can then be calculated to discover the flow regime in the 
thermosyphon. 
 
This shows the gas to be passed the critical transition point is tending to turbulent flow.  
Using a Moody diagram and the absolute roughness height for cast iron of 0.26 mm 
(Robertson & Crowe 1997, p. 368), the relative roughness becomes: 
 
. 
Reading the friction factor from a Moody diagram reveals a friction coefficient of 0.037 at the 
Reynold‟s number just calculated. 
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Therefore, the total pressure drop between the evaporator end and the condenser end of the 
thermosyphon is: 
 
  
The corresponding saturation temperature for the new pressure (at the plate separating the 
adiabatic and condenser sections) is: 
 
 
 
 
The temperature difference of approximately 0.015C proves that the temperature difference 
between the evaporator and adiabatic regions is insignificant.  It shows that theoretically the 
precision and accuracy of the equipment required to record temperatures and pressure 
variations would have to be extremely high to acquire meaningful data.  Otherwise, this 
pressure and corresponding temperature difference can be treated as negligible.   
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A5 TSR CONDENSATE MOMENTUM CHANGE AGAINST 
ROTOR 
Recommendations (such as those provided by Chae 2001) address the problem of condensate 
coming in contact with the rotor and causing a power drain from the TSR.  The phenomenon 
occurs due to the fact that the condensing coils are set above the rotor.  For the condensate to 
travel (from where it condenses on the coils) to the evaporator, it must travel vertically down 
through the path traversed by the rotor.  A schematic showing the geometry of the condenser 
coils and the rotor is shown in Figure A5.1.  The condensate that impacts upon the rotor, 
assuming the liquid contacts the rotors and then runs down the rotor face under gravity, will 
have its vertical momentum imparted to the rotor.  The condensate, at the same time, will be 
accelerated by the rotor in the horizontal plane and thus gain its new momentum from the 
rotor.  The force imparted to the rotor, being in the vertical plane, will be manifested as extra 
thrust loading upon the bearing and can be neglected.  The force imparted to the rotor arms in 
the horizontal plane, however, acts as a retarding torque upon the rotor. 
 
 
 
 
 
 
 
 
 
 
 
 
 
In order to quantify how much of the condensate would be „collected‟ by the rotor, the time 
taken for the condensate to travel through the rotor‟s path (Δt) can be calculated.  That value 
Figure A 5.1 - TSR Mk V condenser geometry including rotor and condenser coil positions 
(dimensions in millimetres). 
Condensing 
Coils 
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can then be used to calculate how much of the total swept path has been traversed by the rotor 
during the time Δt.  Conversely, the minimum rotational speed of the rotor to „collect‟ all of 
the returning condensate can be calculated.  For the purposes of this study, it is assumed that 
all of the condensate is initially stationary on the bottom coil of the condensing coils.  This is 
assumed due to the fact that the coils are wound in a vertical bank of 5 coils and thus the 
condensate will physically contact the final coil (consequently giving it zero velocity) before 
it leaves the bottom coil. 
 
The time taken for the condensate to reach the top edge of the rotor (t1) can be calculated 
from: 
 
 
For the conditions modelled s1=0.350m, s0=0, a=9.81m/s and U0=0 then: 
 
 
 
 
 
 
 
 
The time taken for the condensate to travel from the coil to the bottom edge of the rotor (with 
s2=0.4135m): 
 
 
 
 
 
 
 
The time taken for the condensate to traverse the rotor‟s path is then: 
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Therefore, if the total path of the rotor is swept in less than this time, then all of the falling 
condensate will impact the rotor.  Thus if the minimum period of rotation is that just 
calculated, the minimum frequency of the rotor is: 
 
The previous value has been based upon calculations for a rotor with one arm.  The TSR Mk 
V has two opposing arms and therefore the minimum frequency for the rotor to contact all of 
the falling condensate is actually half of that just calculated and so the minimum frequency is 
21.5Hz (1292rpm). 
 
As a design specification of the TSR Mk V is to achieve a rotor speed of 50Hz, it will be 
assumed that all of the condensate impacts the rotor for the remaining calculations (i.e. 50 Hz 
> 21.5 Hz).  One method to quantify the power lost due to the impacting of the condensate 
with the rotor is to perform an energy balance.  In simple methods for analysing the transfer 
of kinetic energy between bodies the equation used is: 
 
 
As there is not a finite amount of mass but a mass flow-rate there is a rate of energy change 
and thus a work rate (power).  The power drain on the rotor is then: 
 
 
The mass flow rate of condensate can be calculated from the mass flow rate of steam 
generated in the boiler due to the fact that the TSR operates on a closed cycle.  The design 
requirement for 100kW heat transfer (the amount of heat entering the condensing coils from 
the condensing steam) can be used to determine the mass flow rate of the saturated steam.  
Then using the properties of saturated steam from Rogers & Mayhew (1995, p. 2) 
hfg=2357.9kJ/kg, the mass flow rate is: 
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Due to the nature of the geometry of the TSR Mk V condenser section, the kinetic energy 
imparted to the condensate is not uniform along the radial length of the rotor.  This is due to 
the fact that the linear velocity of the rotor will increase as the distance from the centre of 
rotation is increased.  Also, due to the geometry, a greater volume of condensate is contacted 
(per unit increment) as the distance from the centre of rotation is increased.  For the reasons of 
simplicity, the average kinetic energy change for the condensate can be sought and then 
applied to the entire volume to generate a total energy change.   
 
To find the average conditions experienced  by the condensate, a radial length can be found 
for which the volume of condensate contacting the rotor at radii less than this value is equal 
the volume of condensate that contacts it at radii greater than this average.  The average radius 
for the TSR coils using r1 = 0.150m and r2 = 0.325m is: 
 
 
The average velocity imparted to the condensate can then be calculated at the designing speed 
of 3000rpm: 
 
 
This allows the use of the average velocity just calculated to be applied to the mass flow-rate 
of the condensate to get the power drained from the rotor.  The calculation is: 
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This shows that the power lost by the rotor due to hitting the condensate in its rotational path 
to be 134W.   
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A6 TSR ROTOR POWER LOSS DUE TO DRAG FORCE 
With any piece of rotodynamic machinery like the TSR rotor, knowledge of the power loss 
due to the external wind resistance is important.  The rotor arms of the TSR were designed for 
cost minimisation and so the profile of the arm selected was rectangular with a curved head at 
each end.  The face of the rotor‟s nozzle sections that is presented to the air may be 
approximated, for the purposes of this analysis, as a rectangular profile turned edge on to the 
approaching air stream.  A plan view picture of the rotor with the relevant dimensions in 
millimetres is provided in Figure A 6.1. 
 
 
 
 
 
 
 
 
 
 
 
 
 
The force on the rotor can be calculated from the following equation (Robertson & Crowe 
1997, p.431): 
 
Where   CD is the coefficient of drag for the shape  
  AP is the projected or silhouetted area 
  ρ is the density of the saturated water vapour 
  V0 is the free stream velocity 
 
Figure A 6.1 - TSR Mk V rotor critical dimensions in millimetres. 
2
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It should be noted that the drag force increases along the rotor as the distance from the centre 
of rotation is increased.  Therefore the force on a radial element dr is; 
 
 
Where  b is the breadth of the rotor profile at distance r from the centre of rotation 
  Vr is the fluid velocity at distance r from the centre of rotation 
 
Also known is that the torque force on the rotor (due to the drag force) is the product of the 
drag force at that position and the distance from the centre of rotation.  The torque produced 
by the force on a radial element of the rotor can be found by: 
 
Where r is the distance from the centre of rotation. 
   
If ω is the rotational speed of the rotor, then: 
 
 
 Substituting this into the torque equation: 
 
The total torque is the integral summation of the torque on each element from position r0 (near 
the centre of rotation) radially out to point R: 
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As the power input (PDrag) required to overcome the drag is the product of the torque and the 
rotational speed: 
 
 
 
 
The density of the saturated steam can be calculated from steam tables and is calculated next.  
Using Rogers & Mayhew (1995, p. 2) the density of the saturated water vapour at 38°C 
(0.06624 bar) is: 
 
 
 
To check the flow regime (laminar or turbulent flow), calculation of the Reynold‟s number is 
required.  For this reason, the dynamic viscosity of the fluid must also be found.  From Rogers 
& Mayhew (1995, p.10): 
 μ35°C = 9.70x10
-6
 kg/ms  μ40°C = 9.87x10
-6
 kg/ms 
 
At 38°C: 
 
 
 
 
The drag calculation for the rotor will be performed at the design speed of 3000 rpm.  The 
portion of the rotor for which the flow is above the critical Reynolds number (10,000) can be 
found for that rotational speed.  The integration of the rotor drag can be performed using the 
radial length (from the centre of rotation) outward to the rotor‟s end when the minimum 
radius for turbulent flow is known (i.e. at the critical Reynolds number).  Therefore the point 
on the radius above speed of transition to turbulence is:   
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At the design speed, the part 0.1063m represents the radius beyond which the Reynolds 
number exceeds 10,000 and therefore can be considered turbulent.   
 
For simplicity, the arm and the head sections of the rotor are treated separately (due to their 
differing frontal geometries).  Firstly focusing on the arm section, the coefficient of drag (CD) 
for a rod presenting a flat surface perpendicular to the flow of the fluid is 2.0 (Robertson & 
Crowe 1997, p. 441).  The power requirement due to the turbulent drag of a single rotor arm 
(only) at the design speed is: 
 
The power consumed by each arm section at 3000 rpm is 500.2W and therefore the 
consumption by both arms is 1000W.   
 
The contribution of the rotor nozzle to the drag-induced power loss can be calculated using 
the same formula as used to calculate that for the arm.  As the nozzle has complex curve 
included in its profile for turning the internal flow of the rotor 90º, the bluff body presented to 
the direction of flow more approximates a square rod turned edge on to the direction of flow.  
The appropriate CD for the nozzle is 1.5 (Roberson & Crowe 1997, p. 441) and applying the 
power-loss equation to the geometry of the nozzle: 
 
 
  
The total power loss due to drag in the turbulent regime, for each arm, is the sum of the power 
lost by the arm and the nozzle.  The summation is: 
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The rotor has two opposing arms and nozzles and so the total power lost to drag in the 
turbulent regime is 2037W.  This figure is the power lost by the rotor in the section where 
turbulent flow occurs at the design speed.  The contribution to the drag losses of the section of 
the arms in laminar flow has been neglected in order to simplify the calculations.  The length 
of rotor arm subjected to laminar flow is only 43mm, compared to the total length of 487mm, 
although it will ensure that the drag losses just calculated underestimate the true magnitude of 
the retarding force.  Importantly, at the design speed, the rotor loses 2037W.  This represents 
approximately 2/3 of the design power output of the TSR Mk V. 
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A7 TSR ROTOR INTERNAL FRICTIONAL PRESSURE 
LOSSES 
 
The internal flow losses of the rotor need to be quantified in order to ascertain how much this 
contributes to the overall power losses of the TSR Mk V.  An incomplete analysis of these 
losses was provided most recently by Chae (2001) but, as stated, does not take into account all 
of the losses experienced by the internal flow.  Schematics of the flow losses and where they 
occur are provided in Figure A 7.1. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The design condition for the TSR Mk V is to process 100kW of heat at 60°C (saturation 
temperature), and the required properties for the calculation below are taken from Rogers & 
Mayhew (1995, p. 5).  The volume flow-rate of steam is: 
 
Figure A 7.1 - Schematic diagrams of internal flow energy losses within the TSR Mk V rotor. 
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The velocity of the working fluid vapour must be determined for each section of differing 
geometry in its path of travel from the evaporator to the exit nozzles of the rotor.  The 
pressure loss in the adiabatic section is insignificant and therefore able to be neglected and the 
proof is provided in  A4.  The velocity of the vapour inside the hub needs to be known in 
order to calculate the pressure loss due to the contraction in flow path, as well as for checking 
whether the vapour is supersonic.  The geometry change consists of a 0.990m diameter 
cylinder contracting to the 0.15m diameter cylindrical hub (thus D2/D1 = 0.1212) with the 
angle between them being 180°.  Robertson & Crowe (1997, p. 378) present this type of 
contraction to have losses calculated by: 
 
 
The hub serves as the path from the adiabatic section to the rotor arms.  Its length is relatively 
short in comparison to the flow path in the rotor arms (less than 10%) and the cross-sectional 
area considerably larger (more than double).  For this reason, the internal flow losses due to 
travelling less than 50mm in the hub are neglected.   
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Depending upon the conditions of the environment and the speed of the flow, the velocity of 
the vapour may be subsonic, supersonic or in transition between.  The effects of 
compressibility of the vapour become highly significant above the speed of sound (Mach >1) 
and so this condition must be addressed if the flow is not subsonic as expected.  Using the 
specified conditions of the working fluid and properties from Rogers & Mayhew (1995, p.11) 
the speed of sound in the flow path is found as follows: 
 
 
This shows that the speed of sound in the rotor path is approximately 447 m/s and therefore 
the flow in the hub is well below sonic transition (Mach=1). 
 
If the contraction from the hub into the arm is examined, the internal dimensions being 
44.44mm wide by 57.14mm high, the area, flow velocity and hydraulic diameter (for each 
arm) are: 
 
 
 
It can be seen from the above result that the flow is subsonic in the rotor arms.  Again using 
Robertson & Crowe (1997, p. 378) the contraction ratio (D2/D1) using the hydraulic diameter 
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is 0.4166.  Interpolation from the presented figures is then required to calculate the loss 
coefficient for this 180° contraction.  Thus: 
 
 
The pressure loss due to this contraction is then: 
 
The path for the vapour leaving the rotor hub and entering the arms involves a 90° turn as it 
changes from travelling axially with the TSR cylinder (within the hub) to a radial direction (in 
the arms).  A central, flow-splitting vane is incorporated into the hub and approximates a 90° 
mitre bend.  From Robertson & Crowe (1997, p. 378) the loss would be:   
 
 
In order to calculate the pressure loss due to the pipe friction within the arms, the Reynolds 
number must be calculated.  The dynamic viscosity of the vapour (at 60°C) is taken from 
Rogers & Mayhew (1995, p. 10) and is μ60°C = 10.6x10
-6
 kg/ms.  The Reynolds number is 
then: 
 
 
This shows the internal flow within the arms to be turbulent.  When generating a friction 
factor for the internal flow, the roughness of the flow channel must be taken into account.  
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The type of aluminium used and its surface finish means that the rotor arms should be 
modelled as „smooth‟ piping.  Visual inspection of the exposed parts of the arm (as received) 
would confirm this.  Therefore the pipe friction factor can be generated by the equation below 
(Incropera & DeWitt 1996 p. 424) and is valid for Re>20,000: 
 
 
This value correlates well with the value that can be obtained from a Moody diagram for the 
same conditions (Incropera & DeWitt 1996, p. 425). 
 
The pressure loss due to pipe friction can be calculated using the Darcy-Weisbach equation 
(Robertson & Crowe 1997, p. 364): 
 
 
The pressure loss due to the internal pipe friction within the arm is 38.65 Pa. 
 
The last section in the rotor through which the vapour travels is the nozzle.  The geometry of 
the nozzles is such that the vapour is smoothly turned 90° while the contraction is taking place.  
The nozzle geometry can be likened to a 90° „smooth bend‟ combined with a 60° contraction.  
The velocity of the vapour exiting the nozzle and the hydraulic diameter of the nozzle can be 
calculated using: 
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It can be seen from the value calculated for the velocity of the vapour at the nozzle exit that 
the flow there is subsonic.  Using the hydraulic diameter ratio (D2/D1) of 05.704, the loss in 
pressure due to the nozzle contraction can be found using the table in Robertson & Crowe 
(1997, p. 378): 
 
 
 
 
 
 
The pressure loss due to the 90° bend can be found using the data provided in Robertson & 
Crowe (1997, p. 378): 
 
 
The total frictional pressure loss at the nozzle exit is the summation of the individual losses 
experienced by the vapour along its flow path.  The total pressure loss is then: 
 
 
   
m
P
A
D
s
m
A
V
U
m
A
H
Arm
Nozzle
Nozzle
02852.0
05714.02019.02
001086.044
0.150
001086.02
3256.0
2
001086.0
05714.0019.0
2












Pa
v
Uk
P
NozzlenContractioNozzle
nContractioNozzle
88.87
678.72
0.15006.0
2
22




Pa
v
Uk
P
NozzleTurnNozzle
TurnNozzle
3.234
678.72
0.15016.0
2
22




Pa
PPPPPP
PP
TurnNozzlenContractioNozzleFrictionPipeTurnEntryArmnContractioArmEntryHub
Total
4.791
3.23488.8765.385.2941.10999.26



 
Appendix 7 
 193 
The summation of the individual frictional pressure losses in the rotor total 791.4Pa under the 
conditions modelled.  The maximum pressure difference achievable by the TSR is limited by 
the gravitational head that provides the pumping pressure between the condenser and the 
evaporator.  The maximum head achievable for the TSR Mk V is 1.860m, above which the 
machine will not function.  As the column of liquid condensate is at approximately 40°C the 
specific volume of the condensate can be found to be 0.0010079 m
3
/kg.  (Rogers & Mayhew 
1995, P. 10).  The maximum pressure difference is: 
 
 
The percentage of the maximum pressure loss that this internal flow loss represents is then: 
 
 
With the TSR Mk V operating at its maximum differential head, the losses of pressure due to 
the internal flow losses represent 4.372% of the overall pressure difference using the 
modelling detailed.  If the operating conditions modelled were achieved at less that the 
maximum pressure differential for the TSR Mk V, then the flow losses would obviously 
contribute to higher percentage of the pressure difference.  Examining the pressure differential 
involved with the operating conditions of a 60°C evaporator temperature and a of 38°C 
condenser temperature, the saturation pressures (from Rogers & Mayhew 1995, p. 2) are 
19,920Pa and 6,624Pa respectively.  This makes the pressure differential under these 
conditions: 
 
 
This shows the pressure differential anticipated for the design conditions is approximately 
13,300Pa.  If the full 100kW of heat is going into the boiler, then for the conditions modelled, 
the percentage of the pressure difference consumed by frictional pressure loss due to internal 
rotor flow is: 
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This shows that under the design conditions, approximately 5.95% of the pressure differential 
that drives the rotor is being lost to internal flow losses.  As most of the losses are due to the 
changes in geometry as compared to the friction losses, the losses could be significantly 
lessened by paying more attention to preventing these losses in subsequent designs. 
 
%953.5%100
296,13
4.791

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A8 TSR MK V EXPERIMENTAL APPARATUS 
A8.1 TSR Instrumentation Error  
Thermocouple Wire 
Special Grade: 
T- type copper / constantan   AWG24  single strand 260°C maximum 
temperature 
Error 0.5°C or 0.4% (which ever is greater).  Calibrated using data-logging equipment against 
factory calibrated alcohol thermometer in ice bath and boiling water to within 0.5°C. 
Standard Grade: 
T- type copper / constantan   AWG20 7 / 0.2mm stranded 204°C 
maximum temperature  Error 1.0°C or 0.75% (which ever is greater). 
 
Camera    25 frame per second 24V DC black and white  
 
Cold Water Flow Rate  Visual through manual totaliser, (±1 ≈ 0.8%) 
 
Condenser Vacuum    Floyd 100mm metric vacuum gauge (1% full scale  
     deviation) 
 
Data logging    DataTaker DT600 and Channel Expansion Module V3  
 
Signal Conditioning   Red Lion 
Frequency to Analogue Converter Red Lion 
 
Electrical Load    Load Box (voltage <1%, current <1%) 
     DC Electronic Load 
 
TSR Differential Head  Visual (2mm i.e. <0.5%) 
 
External Infrared Temperature  
 Gauge     Raytek (0.5°C)  
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A8.2 TSR Steam Generator 
A Claytons brand stem generator was used as the heat input source for the TSR Mk V.  The 
manufacturer‟s specifications are provided below. 
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A8.3 Vacuum Pump 
Details of the vacuum pump used with the TSR Mk V are provided below. 
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A8.4 Tachometer 
A hall effect sensor was installed within the TSR Mk V as a part of the speed measuring 
system fro the rotor.  The manufacturer‟s data is provided below. 
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A8.5 Water Volume Flow Meter 
The meter used to measure the condenser cooling water is detailed below. 
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A8.6 Further Components 
Much of the instrumentation used on the TSR Mk V was also used in the RMIT TFC project.  
Details of other components used (such as the infrared thermometer, data logger, DC 
permanent magnet generator etc) can be found in Appendix A8. 
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A9 ISOPENTANE PROPERTY DATA 
The properties given here for the saturation properties of isopentane come from the NIST 
Standard reference Database 4 „SUPERTRAPP‟ (version 3.0).  The default modelling was 
chosen and used the Peng-Robinson equation of state for the liquid-vapour equilibria and the 
NIST extended corresponding states model to compute the phase properties.  The database 
output is given below. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Pressure Temp. vf vg hf hfg hg sf sfg sg CP,f CP,g
Bar (abs) °C m
3
/kg m
3
/kg kJ/kg kJ/kg kJ/kg kJ/kg.K kJ/kg.K kJ/kg.K kJ/kg kJ/kg
0.35746 1 0.0015602 0.86472 -2545.8 362.9 -2182.9 3.4132 1.3244 4.7376 2.17 1.6109
0.37307 2 0.0015626 0.83101 -2543.6 362.2 -2181.4 3.4213 1.317 4.7383 2.1746 1.616
0.38923 3 0.001565 0.79888 -2541.4 361.5 -2179.9 3.4293 1.3097 4.739 2.1792 1.6211
0.40593 4 0.0015675 0.76825 -2539.1 360.7 -2178.4 3.4373 1.3024 4.7397 2.1838 1.6263
0.42321 5 0.00157 0.73903 -2536.9 360 -2176.9 3.4453 1.2952 4.7405 2.1884 1.6314
0.44106 6 0.0015724 0.71115 -2534.7 359.4 -2175.3 3.4533 1.288 4.7413 2.1931 1.6366
0.45952 7 0.0015749 0.68453 -2532.5 358.7 -2173.8 3.4612 1.2809 4.7421 2.1977 1.6418
0.47858 8 0.0015774 0.65912 -2530.2 357.9 -2172.3 3.4692 1.2738 4.743 2.2024 1.647
0.49827 9 0.00158 0.63484 -2528 357.2 -2170.8 3.4771 1.2668 4.7439 2.2071 1.6522
0.51859 10 0.0015825 0.61165 -2525.8 356.5 -2169.3 3.485 1.2598 4.7448 2.2118 1.6574
0.53957 11 0.001585 0.58947 -2523.5 355.8 -2167.7 3.4929 1.2528 4.7457 2.2166 1.6626
0.56122 12 0.0015876 0.56827 -2521.3 355.1 -2166.2 3.5008 1.2459 4.7467 2.2213 1.6679
0.58355 13 0.0015902 0.54799 -2519 354.3 -2164.7 3.5087 1.239 4.7477 2.2261 1.6731
0.60657 14 0.0015928 0.52859 -2516.7 353.6 -2163.1 3.5166 1.2321 4.7487 2.2309 1.6784
0.63031 15 0.0015954 0.51001 -2514.5 352.9 -2161.6 3.5245 1.2253 4.7498 2.2356 1.6837
0.65478 16 0.001598 0.49223 -2512.2 352.1 -2160.1 3.5323 1.2186 4.7509 2.2405 1.689
0.67999 17 0.0016006 0.47519 -2509.9 351.4 -2158.5 3.5401 1.2119 4.752 2.2453 1.6943
0.70596 18 0.0016033 0.45887 -2507.7 350.7 -2157 3.5479 1.2052 4.7531 2.2501 1.6997
0.73271 19 0.0016059 0.44323 -2505.4 350 -2155.4 3.5558 1.1985 4.7543 2.255 1.705
0.76024 20 0.0016086 0.42824 -2503.1 349.2 -2153.9 3.5636 1.1918 4.7554 2.2599 1.7104
0.78859 21 0.0016113 0.41386 -2500.8 348.5 -2152.3 3.5713 1.1854 4.7567 2.2647 1.7158
0.81775 22 0.001614 0.40006 -2498.5 347.7 -2150.8 3.5791 1.1788 4.7579 2.2697 1.7212
0.84776 23 0.0016168 0.38682 -2496.2 347 -2149.2 3.5869 1.1722 4.7591 2.2746 1.7266
0.87863 24 0.0016195 0.37412 -2493.9 346.2 -2147.7 3.5946 1.1658 4.7604 2.2795 1.7321
0.91036 25 0.0016222 0.36191 -2491.6 345.5 -2146.1 3.6024 1.1593 4.7617 2.2845 1.7375
0.94294 26 0.001625 0.35022 -2489.3 344.7 -2144.6 3.6101 1.153 4.7631 2.2895 1.743
0.97647 27 0.0016278 0.33896 -2487 344 -2143 3.6178 1.1466 4.7644 2.2945 1.7485
1.0109 28 0.0016306 0.32814 -2484.7 343.3 -2141.4 3.6255 1.1403 4.7658 2.2995 1.754
1.0463 29 0.0016334 0.31774 -2482.3 342.4 -2139.9 3.6332 1.134 4.7672 2.3045 1.7595
1.0827 30 0.0016363 0.30774 -2480 341.7 -2138.3 3.6409 1.1277 4.7686 2.3096 1.7651
1.12 31 0.0016391 0.29812 -2477.7 340.9 -2136.8 3.6486 1.1214 4.77 2.3147 1.7707
1.1583 32 0.001642 0.28887 -2475.3 340.1 -2135.2 3.6562 1.1153 4.7715 2.3197 1.7762
1.1977 33 0.0016449 0.27997 -2473 339.4 -2133.6 3.6639 1.109 4.7729 2.3249 1.7818
1.238 34 0.0016478 0.2714 -2470.6 338.6 -2132 3.6715 1.1029 4.7744 2.33 1.7875
1.2795 35 0.0016507 0.26315 -2468.3 337.8 -2130.5 3.6792 1.0967 4.7759 2.3351 1.7931
1.3219 36 0.0016537 0.2552 -2465.9 337 -2128.9 3.6868 1.0907 4.7775 2.3403 1.7988
1.3655 37 0.0016567 0.24755 -2463.6 336.3 -2127.3 3.6944 1.0846 4.779 2.3455 1.8045
1.4102 38 0.0016596 0.24017 -2461.2 335.4 -2125.8 3.702 1.0786 4.7806 2.3507 1.8102
1.456 39 0.0016626 0.23307 -2458.8 334.6 -2124.2 3.7096 1.0726 4.7822 2.356 1.8159
1.5029 40 0.0016657 0.22621 -2456.4 333.8 -2122.6 3.7172 1.0666 4.7838 2.3612 1.8216
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Pressure Temp. vf vg hf hfg hg sf sfg sg CP,f CP,g
Bar (abs) °C m
3
/kg m
3
/kg kJ/kg kJ/kg kJ/kg kJ/kg.K kJ/kg.K kJ/kg.K kJ/kg kJ/kg
1.551 41 0.0016687 0.21961 -2454.1 333.1 -2121 3.7248 1.0606 4.7854 2.3665 1.8274
1.6002 42 0.0016718 0.21323 -2451.7 332.3 -2119.4 3.7323 1.0547 4.787 2.3718 1.8332
1.6507 43 0.0016749 0.20708 -2449.3 331.4 -2117.9 3.7399 1.0488 4.7887 2.3771 1.839
1.7024 44 0.001678 0.20115 -2446.9 330.6 -2116.3 3.7475 1.0429 4.7904 2.3825 1.8449
1.7553 45 0.0016811 0.19542 -2444.5 329.8 -2114.7 3.755 1.037 4.792 2.3879 1.8507
1.8094 46 0.0016842 0.1899 -2442.1 329 -2113.1 3.7625 1.0312 4.7937 2.3933 1.8566
1.8648 47 0.0016874 0.18456 -2439.6 328.1 -2111.5 3.7701 1.0254 4.7955 2.3987 1.8625
1.9216 48 0.0016906 0.1794 -2437.2 327.3 -2109.9 3.7776 1.0196 4.7972 2.4041 1.8685
1.9796 49 0.0016938 0.17442 -2434.8 326.5 -2108.3 3.7851 1.0138 4.7989 2.4096 1.8744
2.039 50 0.001697 0.1696 -2432.4 325.6 -2106.8 3.7926 1.0081 4.8007 2.4151 1.8804
2.0997 51 0.0017003 0.16495 -2429.9 324.7 -2105.2 3.8001 1.0024 4.8025 2.4206 1.8864
2.1618 52 0.0017036 0.16045 -2427.5 323.9 -2103.6 3.8076 0.9967 4.8043 2.4262 1.8925
2.2253 53 0.0017069 0.1561 -2425 323 -2102 3.8151 0.991 4.8061 2.4318 1.8985
2.2902 54 0.0017102 0.1519 -2422.6 322.2 -2100.4 3.8225 0.9854 4.8079 2.4374 1.9046
2.3565 55 0.0017135 0.14783 -2420.1 321.3 -2098.8 3.83 0.9797 4.8097 2.443 1.9108
2.4243 56 0.0017169 0.14389 -2417.7 320.5 -2097.2 3.8375 0.9741 4.8116 2.4487 1.9169
2.4935 57 0.0017203 0.14008 -2415.2 319.6 -2095.6 3.8449 0.9685 4.8134 2.4544 1.9231
2.5643 58 0.0017237 0.13639 -2412.7 318.7 -2094 3.8524 0.9629 4.8153 2.4601 1.9293
2.6365 59 0.0017272 0.13282 -2410.3 317.9 -2092.4 3.8598 0.9574 4.8172 2.4658 1.9356
2.7103 60 0.0017306 0.12936 -2407.8 317 -2090.8 3.8672 0.9519 4.8191 2.4716 1.9418
2.7857 61 0.0017341 0.12602 -2405.3 316.1 -2089.2 3.8747 0.9463 4.821 2.4774 1.9481
2.8626 62 0.0017377 0.12277 -2402.8 315.2 -2087.6 3.8821 0.9408 4.8229 2.4833 1.9545
2.9412 63 0.0017412 0.11963 -2400.3 314.3 -2086 3.8895 0.9353 4.8248 2.4891 1.9609
3.0213 64 0.0017448 0.11658 -2397.8 313.4 -2084.4 3.8969 0.9298 4.8267 2.4951 1.9673
3.1031 65 0.0017484 0.11363 -2395.3 312.5 -2082.8 3.9043 0.9244 4.8287 2.501 1.9737
3.1866 66 0.001752 0.11076 -2392.8 311.6 -2081.2 3.9117 0.9189 4.8306 2.507 1.9802
3.2717 67 0.0017557 0.10799 -2390.2 310.6 -2079.6 3.9191 0.9135 4.8326 2.513 1.9868
3.3586 68 0.0017594 0.1053 -2387.7 309.7 -2078 3.9265 0.9081 4.8346 2.5191 1.9933
3.4472 69 0.0017631 0.10268 -2385.2 308.8 -2076.4 3.9338 0.9027 4.8365 2.5252 1.9999
3.5375 70 0.0017669 0.10015 -2382.6 307.8 -2074.8 3.9412 0.8973 4.8385 2.5313 2.0066
3.6296 71 0.0017707 0.097689 -2380.1 306.9 -2073.2 3.9486 0.8919 4.8405 2.5374 2.0133
3.7235 72 0.0017745 0.095302 -2377.5 305.9 -2071.6 3.9559 0.8866 4.8425 2.5437 2.02
3.8192 73 0.0017783 0.092985 -2375 305 -2070 3.9633 0.8813 4.8446 2.5499 2.0268
3.9167 74 0.0017822 0.090735 -2372.4 303.9 -2068.5 3.9706 0.876 4.8466 2.5562 2.0336
4.0161 75 0.0017861 0.08855 -2369.8 302.9 -2066.9 3.978 0.8706 4.8486 2.5625 2.0404
4.1174 76 0.00179 0.086427 -2367.3 302 -2065.3 3.9853 0.8654 4.8507 2.5689 2.0474
4.2206 77 0.001794 0.084366 -2364.7 301 -2063.7 3.9927 0.86 4.8527 2.5753 2.0543
4.3258 78 0.001798 0.082362 -2362.1 300 -2062.1 4 0.8548 4.8548 2.5818 2.0613
4.4328 79 0.0018021 0.080416 -2359.5 299 -2060.5 4.0073 0.8495 4.8568 2.5883 2.0684
4.5419 80 0.0018062 0.078524 -2356.9 298 -2058.9 4.0146 0.8443 4.8589 2.5949 2.0755
4.6529 81 0.0018103 0.076684 -2354.3 297 -2057.3 4.0219 0.8391 4.861 2.6015 2.0827
4.766 82 0.0018144 0.074896 -2351.7 296 -2055.7 4.0293 0.8337 4.863 2.6081 2.0899
4.8811 83 0.0018186 0.073157 -2349.1 295 -2054.1 4.0366 0.8285 4.8651 2.6148 2.0972
4.9983 84 0.0018229 0.071465 -2346.4 293.9 -2052.5 4.0439 0.8233 4.8672 2.6216 2.1045
5.1176 85 0.0018271 0.06982 -2343.8 292.9 -2050.9 4.0512 0.8181 4.8693 2.6284 2.112
5.239 86 0.0018315 0.068219 -2341.2 291.9 -2049.3 4.0585 0.8129 4.8714 2.6353 2.1194
5.3625 87 0.0018358 0.066661 -2338.5 290.8 -2047.7 4.0657 0.8078 4.8735 2.6422 2.127
5.4882 88 0.0018402 0.065145 -2335.9 289.8 -2046.1 4.073 0.8026 4.8756 2.6492 2.1346
5.6161 89 0.0018446 0.06367 -2333.2 288.6 -2044.6 4.0803 0.7974 4.8777 2.6563 2.1423
5.7462 90 0.0018491 0.062233 -2330.6 287.6 -2043 4.0876 0.7922 4.8798 2.6634 2.15
5.8785 91 0.0018536 0.060834 -2327.9 286.5 -2041.4 4.0949 0.787 4.8819 2.6705 2.1578
6.0131 92 0.0018582 0.059472 -2325.2 285.4 -2039.8 4.1021 0.7819 4.884 2.6778 2.1657
6.1499 93 0.0018628 0.058145 -2322.5 284.3 -2038.2 4.1094 0.7768 4.8862 2.6851 2.1737
6.2891 94 0.0018675 0.056852 -2319.8 283.1 -2036.7 4.1167 0.7716 4.8883 2.6925 2.1818
6.4306 95 0.0018722 0.055593 -2317.1 282 -2035.1 4.1239 0.7665 4.8904 2.6999 2.1899
6.5744 96 0.0018769 0.054366 -2314.4 280.9 -2033.5 4.1312 0.7613 4.8925 2.7074 2.1981
6.7207 97 0.0018818 0.05317 -2311.7 279.8 -2031.9 4.1385 0.7562 4.8947 2.715 2.2065
6.8693 98 0.0018866 0.052004 -2309 278.6 -2030.4 4.1457 0.7511 4.8968 2.7227 2.2149
7.0204 99 0.0018915 0.050868 -2306.3 277.5 -2028.8 4.153 0.7459 4.8989 2.7305 2.2234
7.1739 100 0.0018965 0.04976 -2303.6 276.4 -2027.2 4.1602 0.7409 4.9011 2.7383 2.232
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A10  TFC EXPERIMENTAL APPARATUS 
A10.1 Heat Exchanger Installation Data 
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A10.2 Evaporator Data 
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A10.3 Condenser Data 
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A10.4 Flow Meter Calibration Data 
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A10.5 Flow Meter Manufacturer’s Data 
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A10.6 Load Cell Data 
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A10.7 Dynamometer Tachometer Data 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Appendix 10 
 211 
A10.8 Shunt 
 
 
 
 
 
 
 
 
 
 
 
 
 
Howard Butler 20A – 200 mV Shunt 
Accuracy is ±1%; temperature coefficient is ±30 ppm/° 
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A10.9 Dynamometer Generator 
Unitemotor model:  MY1016B3M3 
     
  
2. dimension: 
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3. curve: 
 
 
 
 
 
 
 
 
reference 
torque 
(Nm) 
speed 
(rpm) 
output 
power (W) 
voltage 
(V) 
current 
(A) 
input power 
(W) 
efficiency 
(%) 
no load 0.03 3286 11.01 24.05 1.86 44.83 24.56 
Max 
efficiency 
point 
0.79 2886 240.14 24.08 12.40 298.53 80.44 
Rate load 1.05 2753 302.35 24.09 15.91 383.24 78.89 
Max torque 
point 
1.32 2612 360.49 24.10 19.63 473.01 76.21 
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A10.10 Data Logging Equipment 
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A10.11 Frequency to Analogue Converter 
The frequency to analogue converter was se on the 0-20mA output setting for processing and 
logging by the data-logger.  The accuracy of the data logged was checked against a factory 
calibrated stroboscope (and later an oscilloscope) to within the compounded errors of the 
relevant devices. 
 
Red Lion Controls Frequency to Analogue Converter (Model IFMA) 
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A10.12 Signal Conditioners 
 
For the purpose of isolating the power output of the generator from the data acquisition 
equipment to prevent damage, signal conditioners were employed.  The voltage and current 
outputs of the generator was converted to a 0-20 mA signal and then processed and scaled by 
the data acquisition equipment. 
 
Red Lion Controls Signal Conditioner (Model IAMA) 
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A10.13 Working Fluid Pump 
The pump used for circulating the isopentane working fluid was a pneumatically powered, 
reciprocating, dual-diaphragm pump.  The model is available with parts of varying materials 
and they were chosen for compatibility with the refrigerant.  The following specifications are 
for Wilden P.025 Metal  
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A10.14 Thermocouple Wire 
 
Thermocouple Wire 
 
Special Grade: 
 
T- type copper / constantan   AWG24  single strand 260°C maximum 
temperature 
Error 0.5°C or 0.4% (which ever is greater). 
 
Calibrated using data-logging equipment against factory calibrated alcohol thermometer in ice 
bath and boiling water to within 0.5°C. 
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A10.15 Infrared Thermometer 
As a measure of calibration, an infrared thermometer was used to check the reading of the 
installed thermocouples.  The unit used was a Raytek MX2. 
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A10.16 Condenser Cooling Water Flow Meter 
The volume flow meter used for measuring the flow of water cooling the condenser is a 
Dwyer Instruments Model UV2112 (0 – 38 l/min): 
 
 
